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Chapter 1.

INTRODUCTION

Ocean Thermal Energy Conversion (OTEC) is a technology allowing power
generation from the natural temperature gradient in the ocean. It consists in a heat
engine using the warm surface seawater heated by solar radiation as a heat source,
and the cold deep seawater as a cold sink. OTEC power plants can produce energy
steadily throughout the year as the temperature of the warm seawater hardly
changes in suitable areas, which are tropical seas. Therefore, OTEC has a big
advantage compared to other renewable energies already introduced in today’s
energy mix, which are highly intermittent. In addition to power generation, OTEC
produces cold deep seawater as a byproduct that has many uses, such as
refrigeration, aquaculture, agriculture, cosmetics and in desalination facilities. Due

to its high potential, which was estimated at 7TW of net energy production



(Rajagopalan & Nihous, 2013b), as well as the different by-products it can provide,
OTEC is likely to hold a major role in the future economy and energy mix, and can

help reaching energy goals for many countries throughout the world.

The concept of OTEC was first briefly discussed by Jacque-Arsene d’Arsonval
in 1881 as one of the possible way of harvesting natural energy (d’Arsonval, 1881).
First experiments were conducted by George Claude. He started from a
demonstration, using two rather small containers filled with warm water and ice
in 1926, to a successful on-land experiment in Cuba in 1930, although he only
managed to produce 22kW for about 100kW of pumping power. He then tried to
transform a cargo into an off-shore power plant that failed due to mechanical
damage from the sea in 1935. From there, different experiments and projects were
conducted around the world, especially starting from the 1970’s. Particularly, in
1979, the first closed cycle OTEC power plant to generate a net power output -
about 18kW - was constructed and operated for three months. In 1981, the first
OTEC power plant to actually provide electricity to another facility was deployed.
For about a year, a school in the Republic of Nauru was supplied in electricity by
this power plant (Takahashi, 2000).

Figure 1-1:Mini-OTEC (1979).

source: www.otecnews.org.

In 2013, a 50kW - upgraded to 100kW in 2016 - demonstration power plant

was constructed on the island of Kumejima in Japan by Okinawa prefecture.



Figure 1-2: 100 kW power plant in Kumejima:

source: http://otecokinawa.com/jp/index.html.

One significant difference compared with the previous power plants is that the
deep seawater used by the power plant can be used by many industries on site,
which benefits local economy. Indeed, the annual deep seawater related business

in the island represents about 20 million USD. (Martin et al., 2016; Utilizing deep
sea water, 2017).

Drinking water Soft drinks
Healthrelated 320, 3.9% sa
3.0% Concentrated water
1.9% (.39%
Processed food
4.1%

cosmetics
23.9%

Seaweed
8.7% Aqua-Culture
60%

Saltwater fish
0.4%

Shrimp
Shrimp eggs
3.'1())%gg

47.7%

Annual output of deep seawater related business : About 20 million USD

Figure 1-3: Deep seawater related business (Utilizing deep sea water, 2017).



Another successful project has been carried out in Hawaii, where a 105 kW
OTEC power plant was connected to the grid in 2015 and is able to supply enough
energy for around 120 homes, and a project to construct a 1MW off shore power

plant has also been proposed (Makai Ocean Engineering, n.d.).

Figure 1-4: Makai OTEC power plant in Hawaii.
Source: https://www.makai.com/ocean-thermal-energy-conversion/

More projects have been proposed or are currently under construction,
however the power plants in Kumejima and Hawaii are the two currently

operating power plant with the highest power generation capacity.

Despite these installations, OTEC system is yet to be mature and many
challenges still exist, especially for high capacity power plants. As an example, the
10 MW “NEMO” OTEC pilot power plant which was supposed to be operational by
2020 (Roche, 2018) is currently on hold due to the difficulty of manufacturing a
1000 meter long pipe with a 6 meter diameter that can withhold extreme

meteorological conditions (ETM : La centrale NEMO, 2018).



1.1. OTEC working principles

In today’s OTEC projects and experiments, three main different cycle can be

observed, which have their own advantages and drawbacks.

1.1.1. The open cycle

The open cycle is derived from George Claude’s experiments. In this cycle
schematized in Figure 1-5, surface seawater is directly pumped into a vacuum
chamber called flash evaporator where the low pressure causes seawater to
evaporate. The steam is then extended through a turbine linked to a generator
before being condensed using deep seawater. A great advantage of this cycle is the
desalinated surface seawater that is generated as a byproduct. However, this cycle
only works at low pressure, which implies the use of a large turbine, as well as a
vacuum pump for the flash evaporator. Also, the non-condensable gases present
in the seawater can decrease the system efficiency (Amano & Tanaka, 2006). These

gases need to be expulsed from the system to ensure normal operation.

— Non condensable

exhaust
Flash
evaporator — Condenser —— Fresh water
Warm seawater Cold seawater intake
intake and outlet

Figure 1-5: Schema of an open cycle OTEC power plant.
1.1.2. The closed cycle
Figure 1-6 shows how a closed cycle OTEC system operates; a low boiling
point working fluid, such as ammonia, is heated in a first heat exchanger in which
it evaporates. The resulting vapor is then used to operate a turbine before being
condensed by the deep sweater through a second heat exchanger. Finally, the
working fluid is pumped back into the evaporator for another cycle. This cycle

operates at higher pressure, which allows for the use of a smaller turbine.

5



However, fresh water is not being produced by this cycle, as there is no seawater

evaporation.

A 4

Evaporator

Condenser

Figure 1-6: Schema of a closed cycle OTEC system.
1.1.3. Hybrid cycles

Two main hybrid cycles are investigated. The first one consists in
evaporating the discharged warm seawater from a closed OTEC cycle and using
the discharged cold seawater to condense the resulting vapor. This requires

additional power, but allow both water desalination and the use of a high pressure

system.
1 B
Working fluid
evaporator 2
freshwater = Condenser
_L__-—J'
steam A é
9 T
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evaporator Cold seawater intake
and outlet

Warm seawater
intake

Figure 1-7: Schema of a hybrid cycle OTEC system.
The other hybrid cycle is shown in Figure 1-7. The surface warm seawater is
introduced into a flash evaporator the exact same way as for the open cycle. Then,

the vapor is used in a heat exchanger to heat a low boiling point working fluid,
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which evaporates, whereas the seawater vapor condensates, thus, producing
freshwater. As for the closed cycle OTEC system, the resulting working fluid vapor
is used to operate a turbine and is then condensed in a second heat exchanger by
the cold deep seawater. In addition to the freshwater production, the heat
exchange with the working fluid in the evaporator is increased compared with the

one in a closed cycle, due to the seawater phase change.

The freshwater produced by a hybrid or open cycle OTEC can be used in
agriculture or to produce hydrogen by electrolysis as a mean to store the energy
generated by the power plant. Indeed, as these installations can be implemented
on an offshore boat or platform, especially for high power facilities, energy storage
and/or transportation are essential.

1.1.4. Thermal efficiency

As a heat engine, the thermal efficiency of an OTEC system is dependent on
the difference between the heat source temperature, Twein, and the cold sink
temperature, Twein , Which is relatively low in the sea. The standard theoretical
maximum yield for a heat engine is given by Equation (1-1):

n= 1— Twc,in (1_1)

Twe,in

Assuming a surface seawater of 30°C and a deep seawater of 5°C, this
maximum theoretical efficiency only reaches 8%. However, a previous study
showed that the temperature difference between warm and cold seawater is
almost equally divided into two parts; one that induces a pressure difference
between the evaporator and the condenser, and the other that causes a high heat
transfer rate between the working fluid and both warm and cold seawater (Chih
Wu, 1987). As only the pressure difference plays a role for the power generation,
the maximum theoretical yield is decreased to 3.5 to 6% (Avery & Wu, 1994;
Bernardoni etal.,, 2019). In conventional thermal power plant, the fuel being rather
expensive, a high yield is required to extract the maximum power from a finite
amount of fuel. However, in case of an OTEC power plant, there are no fuel cost
involved, except from the seawater pumping power, which significantly lower the
importance of the efficiency defined in Equation (1-1). It can be more important,

in an OTEC system, to focus on the net power output defined as:



Whet = I/I(gross — Weiec (1-2)

Where Weiec is the total power used to operate the power plant. Nonetheless,
because of the low efficiency, and its dependency on the temperature difference
between the surface and deep seawater, OTEC system can only be operated in
tropical areas. The map in Figure 1-8 presents the temperature gradient within the
ocean and the suitable locations for OTEC power plants. The higher the

temperature difference, the higher the power output.
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Figure 1-8: World map of annual average temperature gradient (between 20m and 1000m).

(Rajagopalan & Nihous, 2013a)

1.2. Heat exchangers

A heat exchanger is a device that allows the transfer of heat from one fluid to
another, either by direct contact for immiscible fluids, or by indirect contact for
miscible fluids. In OTEC, the working fluid is usually miscible with seawater that is
used as heat source and cold sink, and, due to environmental impact the working
fluid can have, any leaking or mixing with seawater have to be avoided. Therefore,
only indirect contact heat exchangers can be used. Many categories of indirect heat
exchangers exist for many different applications; for OTEC, plate heat exchangers
present the advantage of being highly compact, thus, reducing the amount of space
needed to reach the high heat transfer surface area required by the power plant.
This can result in a significant cost reduction, especially for off-shore installations.
A plate heat exchanger, as shown in Figure 1-9, consists in a stack of plates

between which warm and cold fluids circulate alternatively, and where the heat
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transfer occurs. These plates are made in a material with a high conductivity, and
usually presents some sort of surface treatment to improve the heat exchange,

such as corrugated pattern or fins.

Figure 1-9: Representation of a plate type heat exchanger.

(AREVA NP et Tranter, Inc. associent leur expertise pour le remplacement des échangeurs thermiques
dans les installations nucléaires., 2017)

In case of a corrugated pattern, the plate is defined by its length, L, width, Wi,
corrugation angle, 3, corrugation pitch, 4, and mean channel spacing, 6, which are
shown in Figure 1-10 and Figure 1-11 . The performance of a heat exchanger, i.e.
the heat transfer performance and the pressure drop, are usually assessed
experimentally, and correlations for the Nusselt number and friction factor are

given for each heat exchanger.

Both these parameters are interdependent; increasing the heat transfer
coefficient requires an increase of the turbulence inside the heat exchanger, which
also results in an increase of the pressure drop. Due to the low thermal efficiency
of OTEC, these parameters must be carefully considered, as the gross power
output and the electrical power required to counteract the pressure drop can be

of the same order of magnitude.



Figure 1-10: Representation of one plate of a heat exchanger.

Figure 1-11: Side view of one plate of a heat exchanger.

1.3. Computational Fluid Dynamics

CFD is a useful tool that focuses on modelling all sorts of flow and heat
transfer within a specified geometry. It consists in numerically solving the Navier-
Stokes equations in a volume defined by a mesh of small elements. The general
flow of a CFD study starts with creating the geometry, usually through a computer-
aided design (CAD), then the volume defined by the geometry is divided in a mesh
of small elements using a meshing software, before being translated for the CFD
software itself, in which the relevant models, assumptions, and boundary
conditions are set. The equations are then solved through an iterative process until

it reaches convergence.
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CFD can be very accurate if the model is well defined. However, a trade-off
must usually be found between result accuracy and computational time. This is
achieved by using simplified models and assumptions. Another important element
is the mesh size. Indeed, a very fine mesh usually leads toward a more accurate

solution, but at the cost of computational time.

The main advantage of using CFD is that, once the model has been validated,
time consuming and highly expensive experimentations are no longer required to
predict a flow pattern, with or without heat transfer. Therefore, using CFD it is
theoretically possible to compute the heat transfer performance and pressure
drop that occur within a heat exchanger. However, although rather simple one
phase flow can be modelled using any CFD software, phase-change heat transfer,
as it happens in OTEC, is still actively investigated and no clear consensus have
been pointed out. The main reason is that most models and closure models are
based on experimental data and correlations, which have limited applications.
Thus, the importance of model validation against experimental data or other

validated models.
There are two main ways of modelling a two-phase flow (Ansys®, 2018b):

e The Euler-Lagrange approach in which a main fluid is computed through
Navier-Stokes equations and a secondary phase consists in a large
number of dispersed bubbles throughout the main fluid. However, this
is inappropriate when high volume fraction is reached, which happens

in boiling heat exchangers used for OTEC.

e The Euler-Euler approach in which both phases are taken as
interpenetrating continua and volume fraction is considered. In this
approach, a set of conservation equations is solved to model each phase.

More closure models, however, are required.

Among the Euler-Euler approach, three main models exist (Ansys®,
2018b):

e The Volume of Fluid model in which both fluid share the same set of

momentum equations, and the interface between the two phases is
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tracked through the volume fraction. This model is used when the main

focus of the computation lies in the two fluids’ interface.

e The mixture model in which the momentum equation is solved for the
mixture and relative velocity is used for the secondary (dispersed)

phase.

e The Eulerian-Eulerian model in which momentum and continuity
equations are solved for both phases. Continuity between the two phases

are ensured through pressure and interphase exchange coefficients.

In case of OTEC heat exchangers, suitable models are the mixture model and

the Eulerian - Eulerian model.

1.4. Literature review

1.4.1. OTEC cycles

In his work, Johnson (1983) compared the performance of different OTEC
cycles and combination of cycles. He ranked different OTEC cycle according to
their second-law efficiency defined as the actual work to seawater exergy ratio.
According to his findings, the cycle that has the potential to extract the most energy
from a finite quantity of seawater is the triple stage open Rankine cycle, whereas
the closed Rankine cycle is the worse. He also compared the second-law efficiency
of the closed Rankine cycle - about 32% - with the one of a coal-fired power plant
- about 36% - and concluded that an “OTEC power plant uses the exergy of the
ocean thermal resource as efficiently as a conventional coal-fired plant uses the
exergy of coal.” His ranking, however, does not take into account the power
required to operate each cycle, meaning that, although he did identify the triple
stage open Rankine cycle as the one that would extract the most part of the
seawater exergy, and, therefore, the one that would lead to the highest gross
power output, results might be different in terms of net power output as the power
consumption for each cycle is different. Moreover, in this analysis, the temperature
difference within both heat exchanger is assumed to be 2K rather than computed

for more accuracy.

Although Johnson concluded that the Rankine open cycle had the best

potential regarding seawater exergy use, it was shown that the closed cycle led to
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a higher net power output. Indeed, in their work, Seungtaek et al. (2020) assessed
the economic feasibility of single and double stage open cycles, as well as single
stage closed cycle OTEC power plants in different suitable areas. First, they
compared the gross power output, power consumptions, and, in case of open
cycles, freshwater production in each region by applying the same design
conditions. Their results showed a higher gross power output for the open cycle
but also a higher power consumption due to the vacuum pump, inducing a higher
net power output for the closed cycle. The double stage open cycle was found to
lead to an even lower net power output, although it resulted in a significant
increase in the freshwater production. It was also found that the amount of
produced freshwater decreased as the surface seawater temperature increased.
Then, they compared OTEC systems of 1, 10 and 50 MW at the different locations
in terms of benefits to cost ratio, net present value, and internal rerun rate. Best
indicators were achieved for different cycles, depending on the electricity and
water price of each location. However, it was found that, as the power rating of the
system increased, the proportion of closed cycles presenting the highest economic
indicators increased as well. If their work allows great insight in OTEC system
design, in their power analysis, the same conditions were applied for each site
rather than optimized ones. Indeed, depending on the site and cycles, the net
power output changes from one design to another. Moreover, in their economic
analysis, the annual operating cost was assumed to be 5%, rather than computed
based on an assessment of the power consumption of the system, meaning that the

difference in operating power might not have been captured properly.

One of the other OTEC cycles, schematized in Figure 1-12, is the Kalina cycle,
which introduce the regeneration of the working fluid (Kalina Alexanfer 1., 1982).
[t uses a non-azeotropic mixture of ammonia and water as the working fluid that
first evaporates using the heat of the warm seawater in the evaporator, resulting
in an ammonia rich vapor which expands through a turbine to generate electricity.
Then, this vapor goes into the a recuperator where it is cooled down before being
mixed with a low ammonia concentration solution, thus, raising the condensation
temperature. This mixture goes into the absorber before being divided into two

different flow; the major part of the flow is directed through the recuperator and
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then the separator, whereas the rest is mixed with the separator to dilute the rich
ammonia vapor at its outlet. The mixture finally goes into the condenser before
being pumped back to the evaporator. The use of a non-azeotropic mixture leads
to a decrease of the irreversible losses in the heat exchanger and, therefore, to a

better thermal efficiency.

Recuperator

Separator Absorber

Evaporator

Condenser

L J

Figure 1-12: Schematic drawing of a Kalina cycle.

A comparison of the Kalina cycle with the closed Rankine cycle as well as a
review of the research on the former cycle has been realized by Zhang et al. (2012).
They found this cycle to be an improvement compared to the Rankine cycle in most
cases, especially for low temperatures. However, these low temperatures that
were reported remained significantly higher - around 100°C - than the
temperatures at OTEC conditions. The Kalina cycle was improved by Uehara et al.
(1995) who managed to increase the thermal efficiency of the cycle by around
10%, notably by including a second turbine, in order to reduce the condenser heat

load. The cycle they invented was then referred to as the Uehara cycle.

Although those cycles do lead to an increase in the cycle thermal efficiency, it
has been shown that the use of a non-azeotropic mixture leads to a decrease in the
heat transfer coefficient, and, therefore, the amount of heat that can be harvested
from a given quantity of seawater. Indeed, Anowar Hossain et al. (2013)
investigated the evaporation heat transfer of a mixture of R1234ze(E) and R32 in
a horizontal tube, and found that the heat transfer coefficient was higher than the
one of R1234ze(E) for low vapor quality but lower as the vapor quality increases.
Compared to R32, the mixture heat transfer coefficient was lower on the whole

vapor quality range. Azzolin et al, (2017) realized a similar study on the
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condensation heat transfer of the same mixture, and concluded that the heat
transfer coefficient was lower when using non-azeotropic mixture, although the
gap between the mixture and pure fluids tend to decrease as the vapor quality is
low. Because of this decrease in the heat transfer coefficient, further study to
clarify whether the increase in the efficiency achieved using non-azeotropic
working fluids is enough to overweight the decrease in the heat transfer

coefficients.

As an alternative to reduce the irreversible losses, Ikegami et al. (2018)
investigated the multistage Rankine cycle and compared its performance with the
single stage Rankine and Kalina cycles. By computing the maximum utilizable
power, they confirmed the decrease in the irreversible losses using the double
stage and Kalina cycles over the single stage Rankine cycle. They found these two
cycles to achieve a higher power output than the single stage Rankine cycle. The
Kalina cycle was found to lead to a slightly higher power output than the double
stage Rankine cycle, and authors concluded that, due to the lower heat transfer
coefficient when using non-azeotropic mixtures, the double stage Rankine cycle
would be preferred. It should be noted, however, that the pressure loss of all fluids
in the heat exchangers were neglected, therefore, only a comparison of the gross
power output was achieved, and results considering the net power output might
differ from one cycle to another. Specifically, with an additional cycle, the gross
power output, power consumption and power plant price increase, therefore, it is
still yet to know if the increase in the gross power output is greater than the
combined increased pumping power and price. Moreover, the actual heat transfer
coefficient was not computed in their study, thus, it is still unclear whereas which

of the double stage Rankine cycle and Kalina cycle would be more appropriate.

Table 1-1 summarizes the different research investigating the OTEC cycles.
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Table 1-1: Summary of research on OTEC cycle.

Authors

Achievements summary

Unsolved issues

Johnson,
(1983)

Realized the ranking of different cycles in terms of their
second law efficiency and identified the triple stage open
cycle as the one with the more potential and the single stage
closed Rankine cycle as the worse one.

The temperature difference in both heat
exchangers is assumed to be 2 K rather than
being computed. Moreover, the ranking in terms
of second law efficiency do not identify which
cycle presents the highest net power output as
the power consumption depends on the cycle

Seungtaek et
al,, (2020)

Compared open and closed cycles at different locations and
found that the closed cycle OTEC presents a higher net
power output.

Also compared cycles using different economic indicators
which showed a tendency of the closed cycle to present a
higher economical value as the power plant capacity
increases. At low capacity, open cycles were found to be
more attractive due to the freshwater production.

In the thermodynamic analysis, the same
conditions were applied at each site rather than
optimal ones.

The economic analysis did not account for the
actual operating power, as the annual operating
cost was assumed to be equal to 5% of the
capital cost.
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Authors

Achievements summary

Unsolved issues

Kalina
Alexanfer
[, (1982)

Proposed a new cycle using non-azeotropic
working fluid which decreased the irreversible
losses, leading to a better cycle efficiency.

The use of non-azeotropic working fluid decreases the heat
transfer coefficient within the heat exchanger.(Anowar
Hossain et al, 2013; Azzolin et al, 2017) It is unclear
whether the increase in the cycle efficiency is enough to
overweight the decrease in the heat transfer coefficient.

Zhang et
al,, (2012)

Realized a review of different research on the
Kalina cycle and compared its efficiency with the
Rankine cycle leading to the confirmation of the
increase in thermal efficiency using the Kalina
cycle.

The investigated temperatures were mostly higher than
OTEC conditions.

Uehara et
al,, (1995)

Proposed a new cycle as an improvement of the
Kalina cycle by introducing a new turbine to
decrease the condenser heat load, leading to a
further increase in the cycle efficiency.

As for the Kalina cycle, further analysis are required to as the
increase of the thermal efficiency is achieved at the cost of a
decrease in the heat transfer coefficient.

Ikegami et
al,, (2018)

Identify the double stage Rankine cycle as almost
as efficient as the Kalina cycle and confirm the
thermal efficiency increase of those cycles
compared to the single stage Rankine cycle.

The pressure drop of both fluids in the heat exchangers were
not considered and the actual heat transfer coefficients were
not computed, therefore, the cycle leading to the highest net

power output could not be identified.
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1.4.2. Working Fluid

The ideal working fluid used in the heat exchanger to extract and released
the heat from and into the seawater must meet certain conditions in terms of
environmental impact, security, and thermodynamic properties. Dijoux et al.
(2017) conducted an investigation to find which fluid would be the most suitable
for OTEC. They concluded that ammonia, R507a and R1234yf are suitable working
fluid, although no fluid could meet all condition. In their study, Bernardoni et al.
(2019) also found ammonia to be a suitable working fluid.

1.4.3. OTEC optimization and heat exchangers

In OTEC, many studies identify heat exchangers as one of the key elements of

the system to investigate.

Sinama et al. (2015) investigated the minimization of the destroyed exergy in
each component of an OTEC cycle, and, thus, identified the flow pump and heat
exchangers as ideal target for optimization. They also realized an optimization of
the cycle in terms of heat exchanger pinch, heat exchanger efficiency and warm
seawater temperatures in order maximize the net power output and exergy
efficiency. They found that these two targets would lead to different optimum
parameters, and stated that the maximization of the net power output would be
preferable. However, in their analysis, the overall heat transfer coefficient was
assumed rather than computed, which is likely to lead to a lower accuracy in the
power output calculation. Moreover, an optimization of the heat exchanger pitch
or heat exchanger efficiency does not easily translate into an optimum heat
exchanger geometry as both the pinch and the efficiency depends on several flow

variables.

Sun et al. (2012) proposed an optimization design of the Rankine cycle in
which the enthalpies are computed from the working fluid state points of the cycle.
For an arbitrary fixed value of the product of the overall heat transfer coefficient
and heat transfer area, they could derive the optimum saturation temperature that
maximize the power generated by the cycle. They concluded that the power
generated by the cycle was mainly a function of the inlet seawater temperatures,
warm seawater mass flow rate, and heat exchangers performances. However, the

overall heat transfer coefficient being assumed rather than computed, coupled
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with the fact that the only considered pumping power was due to the pressure
difference between the working fluid at the evaporator and condenser, thus, not
including pressure drops within the heat exchangers, their optimization fails to
capture the trade-off that exist between the heat transfer coefficient and pressure
drop and might lead to thinking that the heat exchanger with the highest heat

transfer coefficient would be the most suitable.

Bernardoni et al. (2019) realized an optimization of an OTEC power plant to
maximize the net power output to heat transfer area ratio. Thus was realized
according to the warm seawater temperature difference at the inlet and outlet of
the evaporator, the cold seawater temperature difference at the inlet and outlet of
the condenser and both heat exchangers pinch points. They analyzed different
working fluids and identified ammonia as the most suitable one for OTEC. They
then computed the Levelized Cost Of Energy (LCOE) of the resulting power plant,
defined as the ratio between the sum of the operating cost over its lifetime and its
capital cost, and its net energy production over its lifetime. Using these two
analysis, they could identify heat exchangers not only as the components in which
most of the exergy is destroyed, but also as the most expensive ones. However,
their optimization does not give clear insight regarding which heat exchanger
would be optimum for OTEC, and the LCOE was based on thermodynamic
optimization results rather than using the LCOE directly as the objective function,

which would be more accurate.

Due to the interdependency between the heat transfer coefficient and
pressure drop, it is required to compute the net power output of an OTEC power
plant for different heat exchangers in order to choose those that will be used. In
their OTEC performance evaluation of a Carnot cycle based on finite-time
thermodynamics (FTT), Yasunaga et al. (2018) identified the theoretical
relationship between heat transfer performance, pressure drop and OTEC net
power output, and that a compromise must be found to achieve a higher net power
output. This implies the necessity of knowing both the heat transfer performance
and pressure drop of a heat exchanger, which can be found in the literature
(Morisaki & Ikegami, 2013; Nilpueng & Wongwises, 2010; Solotych et al., 2016).

They also proposed a performance index evaluation for OTEC system based on a
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Carnot cycle, allowing for a comparison of the cycle performance using different
heat exchangers of known characteristics. However, the overall heat transfer
coefficient as well as pressure drop were approximated using an exponential
function with coefficients that depends on each heat exchanger, and experimental
data are required for fitting purposes. Moreover, the net power evaluation does

not reflect real conditions as only the Carnot cycle was investigated.

In their in-depth optimization of a closed-cycle OTEC power plant for
different temperatures, Uehara & lkegami (1990), minimized the cost of the
produced electricity based on an objective function defined as the ratio between
the heat transfer area and the net power output. Their method accounts for the
majority of the significant parameters, which are, the working fluid pressure
difference between the evaporator and condenser, as well as its pressure drop
within the condenser and pipes, the seawater pressure drop within both heat
exchangers and pipes, the heat transfer coefficients of the working fluid and
seawater in both the evaporator and condenser, and the computation of the
turbine efficiency based on the turbine parameters. They could compute the
optimized net power output and operating condition for a power plant of a given
capacity for a specific set of heat exchangers, including the required heat transfer
area. However, their method does not include the working fluid pressure drop
within the evaporator and presents the drawback of being highly computer

expensive due to the high number of iteration processes implied.

Wu et al. (2019) investigated the minimization of the required pumping
power of an evaporator for OTEC based on constructal theory. They used a
dimensionless pumping power, defined as the ratio between the plate pumping
power at the considered optimization parameters and plate initial pumping power
as the objective function and heat transfer rate as a constraint. Their optimization
was realized in respect to the chevron angles, corrugation pitch, effective volume
as well as heat transfer width and length of the plate and was applied for different
working fluids. However, their method does not focus directly on increasing the
net power output of the OTEC system, even though the heat rate is included as a
constraint. As pumping power decrease, the heat transfer coefficient is likely to

decrease as well, which might lead to a lower net power output.
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Wu, Feng, Chen, & Ge (2020) realized an optimization of the condenser, still
based on constructal theory. They used a composite function of the entropy change
rate and pumping power as the objective function to account for both the heat
transfer coefficient and pressure drop. They used number of active plates as well
as heat transfer length and width as optimization parameters, and investigated the
effect of chevron angle, corrugation pitch, and effective volume on this composite
function. However, the optimum values also depend on the weighting coefficient
of the composite function which need to be assessed correctly. Moreover, the
condenser is investigated as an isolated component rather than part of the OTEC

whole system.

Finally, Wu, Feng, Chen, Tang, et al. (2020) realized the constructal
thermodynamic optimization of an OTEC system operating under the dual
pressure Rankine cycle. They used the net power output as the objective function,
and investigated plate heat transfer length of all components, the volume fraction
of the high pressure turbine, as well as the heat transfer area fractions of the
condenser and high temperature evaporator. They also investigated the effect of
the working fluid mass flow rate, mean vapor fractions, turbine wheel diameter
ratio as well as seawater inlet temperature on the system. They compared their
results with what was obtained for a single pressure system, and concluded that
the dual pressure Rankine cycle would lead to a higher power output. However,
the optimization of the net power output does not account for the expensive cost
of the heat exchangers, i.e., although a maximized net power output is obtained,
this might not be preferable if it results in a larger, and thus more expensive, heat
exchanger. Moreover, they did not investigate the effect of plate parameters such

as chevron angles, corrugation pitch, or mean channel spacing.

Table 1-2 summarizes different studies regarding heat exchangers in OTEC

cycles.
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Table 1-2: Summary of studies regarding OTEC cycles.

Authors

Achievements summary

Remaining issues

Yasunaga et al,,
(2018)

Proposed a performance index evaluation for OTEC
system based on a Carnot cycle allowing for heat
exchanger comparison after deriving the theoretical
relationship between net power output, heat transfer
coefficient and pressure drop.

The overall heat transfer coefficient and

pressure drop are approximated using

exponential functions and require

experimental data.

Real cycles are not investigated.

Sinama et al,,
(2015)

and heat
components that require optimization and realized an

Identified flow pumps exchangers as
optimization of the OTEC cycle in terms of heat exchanger
pinch point, heat exchanger efficiency and warm seawater
temperature.

The overall heat transfer -coefficient is
assumed rather than computed and the
optimization parameters cannot be easily
used for heat exchanger choice or design

parameter.

Sun et al,,
(2012)

Proposed an optimization design of the Rankine cycle
relying on the computation of the different cycle states,
and derived the optimum saturation temperatures that
maximize the net power output.

The overall heat transfer coefficient was
assumed rather than computed, the pressure
drop within the heat exchangers were not
computed and the optimization of the
saturation temperatures did not give insights
on the choice or optimum design of the heat
exchangers.
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Authors

Achievements summary

Remaining issues

Bernardoni et al.,,
(2019)

Realized a thermodynamic optimization of an OTEC
cycle in terms of seawater temperature difference
along the heat exchangers and heat exchangers pinch
point, and proceeded to compute the LCOE of the
resulting power plant, which helped identify heat
exchangers as a the component that requires

optimization the most.

The thermodynamic optimization do not give
clear insight on the choice or optimum design of
heat exchangers, and the LCOE was based on a the
thermodynamic optimization rather than being

used as the objective function.

Uehara &
Ikegami, (1990)

In depth OTEC optimization resulting in accurate
results for a given gross power output and given heat
exchangers, for which mass flow rates, heat transfer
areas, temperatures, and turbine parameters are

computed.

Experiments are required to derive heat transfer
coefficient and pressure drop correlations, and
the optimization includes several iterative steps
making the optimization process highly expensive
in terms of computation time. Moreover, the
pressure drop within the evaporator is not

computed.
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Authors

Achievements summary

Remaining issues

Wu etal, (2019)

Realized the minimization of the evaporator
pumping power using constructal theory, and
considering chevron angles, corrugation pitch and

effective volume

The evaporator is considered as a standalone
component rather than included in an actual cycle,
and the heat transfer coefficient is not well

accounted for.

Wu, Feng, Chen,
& Ge, (2020)

Performed the optimization of a condenser for
OTEC based on constructal theory, and using a
composite function as the objective function,
allowing for the investigation of heat exchangers

design parameters.

The condenser is considered as a standalone
component rather than included in an actual cycle,
and the composite function does not represent well
the system behavior, notably because of the

weighting coefficient involved.

Wu, Feng, Chen,
Tang, et al,,
(2020)

Realized the thermodynamic optimization of OTEC
net power output of a dual pressure system in
terms of plate lengths, heat transfer area fraction,

and volume fraction of high pressure turbine.

The net power output is maximized without any
consideration for the actual required heat transfer

area, and the effect of heat exchanger design

parameters were not investigated.
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1.4.4. Flow boiling Computational Fluid Dynamics

As research on phase-change is a major subject to itself, in this thesis, only
the boiling heat transfer coefficient is investigated. Many authors investigated flow

boiling in the literature, using different geometries and different fluids.

Lietal, (2006) modified the two-fluid (Euler-Euler) method implemented on
CFX-4.3 to compute the flow boiling of nitrogen in a vertical tube based on the RPI
wall boiling model. They changed the way bubble diameter was computed as well
as some closure parameters, such as the nucleation site density or the ratio
between the area around the nucleation site affected by quenching and the bubble
projected area at bubble departure. They could improve the overall model
accuracy and pointed out that phase-change models are highly sensitive to the
active nucleate site density closure model. Namely, they noticed an increase in
their model accuracy using the Kocamustafaogullari - Ishii model instead of the

Lemmert and Chwala model.

Krepper & Rzehak (2011) simulated the DEBORA experiments (Garnier et al.,
2001; Manon, 2000) to check the applicability of CFD to subcooled wall boiling
flow and identify weaknesses. They compared their simulations in terms of wall
superheat, gas fraction, velocities, liquid temperature and bubble size. They
confirmed the potential of the Eulerian - Eulerian model although it requires some
closure parameters that can have a significant impact on the simulation results.
This is mainly due to the fact that most closure models are based on experimental

correlations.

Koncar & Matkovic (2012) realized an analysis of the flow boiling of HFE-301
in a vertical rectangular channel with one heated wall based on the RPI model, and
found good agreement with experiments for the parameters linked to the heat flux
and Reynolds variation but an over prediction of the turbulence when using the

SST k-w model along with the Sato model.

Yun et al. (2012) combined Klausner et al.'s (1993) force balance model for
bubble departure size and Hibiki & Ishii's model (2003) for active nucleation site
in their simulation of R12 flow boiling inside a pipe. They proposed a new velocity

wall function, which require the use of two empirical coefficients to improve
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turbulence modelling in a heated pipe. Like Krepper & Rzehak (2011), they used
the DEBORA experiments as a reference for their calculations (Garnier et al., 2001;
Manon, 2000). Results were compared in terms of local void fraction, bubble

velocity and diameter, phase velocity, and temperatures.

Yeoh et al. (2014) realized an evaluation of the RPI wall boiling model for an
annular geometry using water to find that it can predict the volume fraction and
bubble sauter diameter distribution accurately but not the heat flux partitioning,

which is the principle of the RPI model.

Nemitallah et al. (2015) investigated water flow boiling characteristics,
namely the wall temperature, void fraction, average temperature, vapor phase
velocity, heat transfer coefficient and mass transfer rate for a heating pipe with a
non-uniform heat flux. They showed that a non-uniform heat flux distribution lead

to a modification of the heat transfer coefficient and void fraction distribution.

Braz Filho et al. (2016) conducted a study to predict subcooled flow boiling
characteristics for water in a vertical tube using two-fluid Eulerian model in
Fluent. When comparing vapor quality, liquid bulk temperature, and wall
temperature to the experimental data from Bartolemej & Chanturiya (1967), they
concluded that CFD is a promising tool to characterize subcooled flow boiling

although void fraction was under predicted by the model they used.

Colombo & Fairweather (2016) assessed the accuracy of CFD models in terms
of vapor quality, vapor velocity, liquid temperature profile and Sauter mean
diameter using a large number of experimental data points from different studies
in the literature. They pointed out the principal drawback of such models; the high
dependency on experimental closure models, which makes it difficult to predict
boiling flow characteristics for a wide range of experiments using the exact same
model. Despite the need of improvement in modelling some of the phenomenon,

they also confirmed the potential of CFD in the prediction of such multiphase flow.

Gilman & Baglietto (2017) proposed a more complete mechanistic model for
water boiling phenomena, which was lacking in previous models, and obtained a
more robust and more accurate model. They also realized a sensitivity analysis

showing that the bubble frequency is the parameter that need to be accurately
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assessed. They used the data for a vertical rectangular duct from Phillips (2014)

as reference in their calculations.

Thakrar et al. (2017) realized a blind comparison of different model
combinations using default values and no “posteriori user calibration”. Calculation
were realized on a rectangular duct geometry using water on the code STAR-
CCM+. They showed that if the more mechanistic model combination is able to
accurately predict the mean void fraction, no model combination could lead to an
acceptable prediction on a local scale, leading to a failure to capture a change in

the flow pattern.

Colombo etal., (2019) compared three force balance model for the prediction
of bubble departure diameter required for the RPI wall boiling model. The study
was based on water and R12 in a vertical pipes using STAR-CCM+ code.
Comparison was realized based on bubble departure diameter, wall temperature,
bubble departure frequency, void fraction and heat fluxes. They showed that
models taking the contact diameter as a fraction of the bubble diameter instead of

a constant led to more accurate result.

Table 1-3 summarizes different CFD flow boiling studies.
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Table 1-3: Summary of flow boiling CFD studies.

Author Title Geometry Phase change model | Heat flux Achievement summary
Lietal, Nitrogen | Vertical tube. CFX: Uniform | Improvement of model accuracy by
(2006) L =220 mm Eulerian changing bubble diameter equations
D =NS RPI wall boiling model as well as closure models such as
Modified k-¢ (Sato) nucleation site density and quenching
affected site to projected bubble area
ratio. Namely, the closure model of
Kocamustafaogullari - Ishii seemed to

provide a better accuracy.

Krepper & R12 Pipe CFX Uniform | Confirmed the great potential of CFD
Rzehak, Din = 19.2 mm Eulerian but identify closure models as a
(2011) L=5m RPI wall boiling model significant weakness as it is based on

Heated length = 3.5m | k-w SST experimental correlations and
Manon(2000), therefore need to be adapted to each
Garnier et al. (2001) simulation.

Koncar & | HFE-301 | Vertical rectangular | CFX Uniform | Found good agreement for

Matkovic, channel Eulerian parameters linked to heat flux and
(2012) 530x8.7x 7.6 mm RPI wall boiling model Reynolds variation using the k — w SST

heater 175 x 7 mm k-w SST model along with the Sato model

despite an over prediction of the

turbulence.
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Author Title Geometry Phase change model | Heat flux Achievement summary
Yun et al,, R12 Pipe Star-CD Uniform | Combined Klausner’s force balance
(2012) Din: 19.2 mm Eulerian model for bubble departure size
L=5m RPI wall boiling model diameter with Hibiki and Ishii’s model
Heated length = 3.5m | k-¢ for active nucleation and proposed a
See Garnier et al new velocity wall function to improve
(2001). turbulence modelling.
Yeoh etal,, Water | Pipes: Multiple Size Group Uniform | Found the RPI wall boiling model to be
(2014) Din=12.7/19mm boiling model unable to accurately predict the
Dext = 24.5/37.5mm | RPI boiling model partition of heat transfer, despite
L=306/1670mm being the model's principle.
Nonetheless they could accurately
predict the bubble sauter-diameter.
Nemitallah Water | Pipe: Fluent Uniform | Investigated the effect of a non -
etal, (2015) L=2m Eulerian and non- | uniform heat flux and showed its
Dint = 15.4mm RPI wall boiling model | uniform |impact in the heat transfer coefficient
Dext = 25.4mm k-¢ as well as vapor quality.
Braz Filho et | Water | Vertical tube: Eulerian Uniform | Identified an under prediction of the
al, (2016) D =15.4 mm RPI wall boiling model vapor quality using the RPI wall
L=2m k-w SST boiling model, although they

confirmed the potential of CFD for
flow boiling applications.
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Author Title Geometry Phase change model | Heat flux Achievement summary
Colombo & R12 Multiple :Pipe, Star CCM + Uniform | Investigated the accuracy of CFD
Fairweather, | R113 | annular channel Eulerian models using a large number of
(2016) Water RPI wall boiling model experimental and pointed out the
Reynold stress model dependence on experimental closure
models as a major drawback to
predict flow characteristics for a wide
range of experiments using the same

model.

Gilman & Water | Vertical rectangular: | Star CCM+ Uniform | Proposed a new mechanistic wall heat
Baglietto, 1000x30x 10 mm Eulerian transfer framework to reduce the
(2017) Heated surface: RPI wall boiling model sensitivity to closure models and
20x 10 mm Cebeci and Bradshaw increase the accuracy and robustness.

(1977)

Identified the need of further

improvement for bubble frequency
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Author Title Geometry Phase change model | Heat flux Achievement summary
Thakrar et Water | Vertical rectangular | Star -CCM+ Uniform | Realized a blind comparison of
al,, (2017) 1550x44.5x11.1 Eulerian different model combinations using
mm RPI wall boiling model default values and showed that
Heated length: k-¢/RSTM mechanistic models provided better
1260mm accuracy for mean vapor quality but
failed at predicting local values, and
thus, the change in flow pattern.
Colombo et | Water | 2 vertical pipes: Star CCM+ Uniform | Compared three force balance
al,, (2019) R12 D =0.0154/0.0192 m | Eulerian models for the prediction of bubble
RPI wall boiling model departure diameter and found that
k-g models taking the contact diameter

as a fraction of bubble diameter
instead of a constant led to a better

daccuracy.
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1.4.5. Conclusion

Different cycles have been investigated previously. Although the open
cycle is more efficient at harvesting seawater thermal energy,
practically, its net power output is lower than the one of a closed cycle
because of the required energy to operate the vacuum pump. The cycle
choice should be different for each site depending on the location
specific needs; the open cycle remains a relevant option where access to
freshwater is a significant issue. Among the closed cycles, some attempt
of increasing the thermal efficiency were made by introducing non-
azeotropic mixtures, but doing so induced a decrease in the heat transfer
coefficient within the heat exchangers. It was shown that the use of a
double stage closed Rankine cycle could lead to a thermal efficiency
comparable, yet somehow lower, to those using non-azeotropic
mixtures without the drawback of lowering the heat transfer coefficient
in the heat exchangers. No studies could clearly indicate which cycle
would be more suitable for OTEC. A comparison between Kalina, Uehara,
single Rankine, and multistage Rankine cycles in terms of net power
output, taking into account the heat transfer coefficient as well as

pressure drop is required.

Studies that focuses only on the working fluid are scarce but identify
ammonia as one of the most suitable working fluid and, as such, is the

fluid of choice in this thesis.

Heat exchangers were clearly identified as one of the key element in
OTEC as it represents a significant part of the price, and has a significant
impact on the net power output of the system. The heat transfer
coefficient and pressure drop have been shown to be linked, and a
balance between these two characteristics must be achieved to
maximize the net power output of an OTEC power plant. For many
studies, it was found that the heat transfer coefficient and pressure drop,
if considered, were assumed or simplified rather than computed, leading
to a lower accuracy in the power output assessment. Besides, economics

analysis studies were scarce and did not use economic indicator as

32



objective functions. In-depth analysis can be found in the literature but
appear to come with a high computational cost, and the development of
a simpler method is required. Moreover, OTEC cycle optimization
targeted values such as saturation temperatures, heat exchanger pinch
points, heat exchanger efficiency, and seawater temperature difference
along both heat exchangers. Only a few studies investigated heat
exchangers geometry, and they either focus on isolated components, use
strong assumptions, and/or do not consider all relevant design
parameters. A method to derive an optimum heat exchanger geometry
leading to the highest net power output to heat transfer area ratio is
required for OTEC system design. Finally, studies that did compute, at
least to some extent, heat transfer coefficients and pressure drops were

found to highly rely on experimental correlations from the literature.

Although numerous studies have been realized and are often based on
the same general model, which is the RPI wall boiling model in a mixture
or Eulerian - Eulerian approach, the use of empirical correlation as
closure model implies a great variety of different possibilities in
predicting heat transfer or flow characteristics when phase change is
involved. Most studies focus on water flow boiling in a heating pipe or a
vertical duct, however, no studies considering more complex geometry,
such as chevron type heat exchangers, were found. Studies investigating

ammonia flow boiling using CFD were not found either.

1.5. Research topics

Considering the previous research, it was found that the following topics still

require investigations:

Comparison of different cycles, including those using non-azeotropic

working fluids in terms of net power output to heat transfer area ratio.

Simplification of the optimization process and inclusion of heat transfer

coefficients and pressure drops of both the seawater and working fluid.

Optimization of heat exchangers’ design parameters for a maximum

power output to heat transfer area ratio.
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e Optimization of the system with economic indicators as objective

functions.

e Decrease the need for experiment for heat transfer coefficient and

pressure drop correlations.

CFD appears to be a suitable tool for this last point. However, more research
is required on the subject. Considering the previous research, main topics to

investigate for OTEC are as follow:
e Ammonia flow boiling.
e Flow boiling in plate heat exchangers geometry.
e Flow boiling using non uniform heat fluxes.

e Improvement of the model accuracy, notably by reducing its dependency

to closure models from experimental correlations.

1.6. Research objectives

A comparison using different cycles should be based systems operating at
optimum parameters, as those parameters are likely to differ from one cycle to
another. Moreover, optimization using economic indicators as objective functions
should be performed once a thermodynamic optimization has been completed,
and significantly vary on the power plant location. For these reasons, in this thesis,
after this introduction, a second chapter is dedicated to the development of a
simplified method for OTEC optimization based on both the Carnot and Rankine
cycles, which allows for OTEC performance comparison using different heat
exchangers. Results for the ideal and real cycles can also be compared. In this first
chapter, the working fluid side is not considered by means of different
assumptions, and seawater heat transfer coefficients and pressure drops are

computed using heat exchanger specific correlations.

A third chapter focuses on the method accuracy improvement for the
Rankine cycle by introducing the working fluid heat transfer coefficient and
pressure drop in both heat exchangers. In this chapter, heat exchanger specific
correlations are replaced by global ones to allow for the determination of plate

heat exchangers optimal geometry to maximize the power plant net power output.
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Finally, a fourth chapter demonstrate the possibility of using CFD to generate
accurate flow boiling heat exchanger specific correlations to be used to improve
the accuracy and possibilities of the optimization method. The demonstration is
based on a vertical duct heated uniformly, using ammonia as a working fluid, as
the change of fluid is believed to be the first step in the development of a complete
simulation for the flow boiling of ammonia in an actual heat exchanger using non

uniform heat flux.
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Chapter 2 - OTESC Cycle Optimization

Chapter 2.

OTEC CYCLE OPTIMIZATION

In this chapter, a method to compare a closed cycle OTEC system
performance given its heat exchangers’ specifications is introduced and

showcased for three different heat exchangers for the Carnot and Rankine cycles.

2.1. Objective functions for OTEC

Prior to any computation, an objective function must be determined. This
function will then be optimized in order to find its maximum. In OTEC, the net
power output is equal to the difference between the gross power output generated
by the turbine and the required power to operate the system. The seawater
pumping power needed to ensure a sufficient flow rate within the heat exchangers
is significant, and highly depends on the heat exchanger. This high pumping power

is due to the pressure drop within the seawater pipes that lead the seawater
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towards the heat exchangers, and the pressure drop within the heat exchangers
themselves. In addition to seawater, the working fluid also circulates within the
heat exchangers, and pumping is required to counteract the pressure drop that

occurs.
In this chapter, the following assumption are considered:

e The heat transfer coefficient of the working fluid is much greater than
the seawater one because of the phase change that occurs (Frank P.

Incropera et al., 2006a).
e The thermal resistance due to fouling is negligible.

e The pressure drop on the working fluid side is negligible (Bernardoni
et al, 2019; Sinama et al,, 2015; Uehara et al., 1995).

e Seawater properties within a heat exchanger are taken constant and
equal to the heat source or cold sink properties due to the low

temperature difference at heat exchangers’ inlet and outlet.

e Duetoitsrather low impact on the heat exchanger choice, the pressure
drop occurring within the pipe, depending mainly on the pipe length,
is not considered

2.1.1. Carnot cycle

In the ideal case of the Carnot cycle represented in Figure 2-1, the heat
exchange is assumed to be isothermal, and both the compression and expansion

processes are assumed to be isentropic, as depicted in Figure 2-2.

Considering this chapter’s assumptions, the expression of the net power
output generated by the OTEC system is given by Equation (2-1)(Yasuyuki
Ikegami & Adrian Bejan, 1998):

Whet = I/l(gross —Wp (2-1)

with Wp, the pumping power required to counteract the pressure drop occurring

within the heat exchangers.
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Figure 2-1: Model of the OTEC system.

The gross power output generated by the cycle is equal to the balance between the
heat provided by the warm seawater, Q. and the heat released into the cold

seawater, Q., as defined in Equation (2-2) (Frank P. Incropera et al., 2006b):

%ross = Q¢ — Q¢ = Cpe€ye (Twe,in - Tfe) — Cyc€we (ch - Twc,in) (2-2)

where ¢ is the heat exchanger efficiency equal to the ratio of the actual heat
exchange and the maximum theoretical heat exchange for an infinite counterflow
heat exchanger with no losses. Cis the heat capacity rate, i.e. the product of the
mass flow rate, m by the specific heat capacity c,, and T refers to a temperature.
Subscripts w, f, e, ¢, in, and out refer to the seawater, the working fluid, the

evaporator, the condenser, an inlet and an outlet, respectively.

In both heat exchangers, the working fluid undergoes a phase change, thus,
the efficiency can be expressed as in Equations (2-3) and (2-4): (Frank P. Incropera
et al, 2006b)

€. = 1 —exp(—NTU,) (2-3)
€. =1 —exp (—NTU,) 24

with NTU, the number of transfer units defined as in Equation (2-5):

NTU = % (2-5)
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where U is the overall heat transfer coefficient, and A4 is the heat transfer area of

the heat exchanger.

T A

Twe, in

T}VE’,OU t

Tfe

Tf(;

Twr_‘.our

Twc,in

v

Figure 2-2: Temperature - entropy diagram of a Carnot cycle.
For heat exchangers of a given efficiency, it is possible to find the relation
between inlet seawater temperatures and working fluid temperatures for which
the gross power output is maximized using the Lagrange multiplier method as

shown in Equation (2-6) to (2-9) (O. M. Ibrahim et al., 1992):

The constraint function shown in Equation (2-6) is the entropy balance, 4s,

as it is null without irreversibilities:

As = Cre€we (Twe,in B Tfe) _ CWCEWC(TfC — TWC'in) =0 (2-6)
Tfe TfC

The Lagrange multiplier A is then introduced and verifies Equation (2-7):

Waross = 0s and Woross =A 0ds (2-7)
0Ts, 0T¢, 0T¢, 0T,
Equations (2-2), (2-6) and (2-7) lead to the relationship in Equation (2-8):
h — Twc,in (2-8)

Tfe Twe,in

This is then introduced in Equation (2-2) to express the maximum power output
the heat engine can generate as shown in Equation (2-9) (0. M. Ibrahim et al., 1992;
Yasunaga et al,, 2018; Yasuyuki Ikegami & Adrian Bejan, 1998):
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_ (\/Twe,in - \/Twc,in )2

m/gross,max - 1 1 (2'9)
+

CWSEWE CWSEWC

Heat exchangers being one of the most expensive component of an OTEC
system, in order to decrease the price of the power plant, it is more relevant to
compare values of the maximum net power output divided by the heat exchanger
surface area rather than the maximum net power output itself. Moreover, heat
exchangers, including those for which this method is tested, have different surface
area which, in case of plate heat exchangers, can be modified by the addition or
subtraction of plates. Besides, a net power output normalized by the surface area

lead to a more efficient comparison. Therefore, the objective function, derived

from Equations (2-1) and (2-9), is expressed in Equation (2-10) as:

2
_ 1 (\/Twe,in - \/Twc,in )
Wnet = (As, + As,) 1 1

Coe(1 — e NT0we) T T, (1 — eV T0we)

- WPwe - WPWC (2-10)

with As, the heat exchanger surface area defined as As = LWi(plate number —
2). Wpis defined as in Equation (2-11):

_ 2fLRedudS

— (2-11)
F ngp\gvnP,w

with Deg, the heat exchanger equivalent diameter computed as twice the mean
channel spacing §, L, the length of the plate, npw the seawater pumping power

efficiency, and Re, the Reynolds number defined as:

_ pwvaeq
Hw

Re,, (2-12)

where py is the seawater density, v, the seawater mean velocity, and pw, the

seawater dynamic viscosity. The friction factor, f, is defined as

T
' ok (2-13)
2

with 1, the wall shear stress of the plate. In this chapter, however, the friction factor

is computed using an experimental correlation of the from:
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f = QRe® (2-14)
with Q and & two constants depending on the heat exchanger.

As shown in Equation (2-5), the NTU depends on the overall heat transfer
coefficient U, which itself is a function of the plate thickness ¢, the resistance due

to fouling, Rfuiing, and both fluids heat transfer coefficients, awand ay.

1 1 t 1
T=—+t -t —+ Rfoulin (2-15)
U a, 4 a g

The fouling part being neglected, and ar being assumed to be much greater than

Qaw, it comes,

1+t+1+R 1+t_1+B (2-16)
a, Ay ap T T, T a,

with B a constant equal to the ratio of the plate thickness over the thermal

conductivity of the plate.

The seawater side heat transfer coefficient can be deducted from the Nusselt
number, Nuw, which reflects the ratio between the convective heat transfer

coefficient and its conductive component, and is defined in Equation (2-17):

_ awDeq

— (2-17)
Nu,, "

Similarly to the friction factor, the Nusselt number is calculated from an

experimental correlation that depends on the Reynolds and Prandtl numbers:
Nu = dReYPr"” (2-18)

with d, y, and n being coefficients specific to each heat exchanger. The Prandtl
number, defined as the ratio between the kinematic viscosity and thermal

diffusivity is given in Equation (2-19):

pr = A (2-19)
Aw

Using Equations (2-5) and (2-16) to (2-19), the NTU can be written as:

NTU = UA D AdReYPr"4,, _ dRe"'Pr*'AD,,
~ € RePrA,SD.q + BAdReYPr*4,,  (D,, + BAdReYPr"A,,)S

(2-20)
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S being the total cross surface area of the heat exchanger.

Finally, using Equations (2-20) and (2-10), the objective function, equals to
the net power output by unit of heat exchanger surface area can be expressed as

in Equation (2-21).

—_

1
As,,s + Asg

(VToe =VToe )’

1 1

+

RePriS 1— __ dRev'Pr"'AD,, RePrAS (1 —exp (_ dReY~1Pro-1AD ) )

\ Deq exp (Dyq + BAdReYPrn2)s Deq (D + BAdRe"Pro1)S
we

Whet =

wc

(2-21)

((29Re3+iw35> <29Re3+€Lu3s> )
ngpzT]P,w we D?quﬂp,w we

The objective function, thus, only depends on the seawater inlet properties
and temperatures. [t is important to note that this function cannot precisely assess
the actual net power output of a power plant as it is based on an ideal cycle.
Although it is possible to introduce an irreversibility factor, which takes into
account all source of irreversibilities in the system, such solution is not really
practical due to the difficulty in estimating this factor. Another way is to proceed
with the optimization using a real cycle such as the Rankine cycle.

2.1.2. Rankine cycle

In the Rankine cycle described in Figure 2-3, heat exchange is no longer
isothermal and both compression and expansion processes induce a change in
entropy, as shown in Figure 2-4. It is assumed, however, that the working fluid at
the outlet of both heat exchangers are in a saturated state. For such a cycle, the net

power output can be expressed as in Equation (2-22).

1 N - 20Re**ELu3S
Wnet - Ae +AC mf( 2 3) mf( 1 4) ngpznp‘w
" Wes Y (222)
(29Re3+ELu3s>
ngpzﬂp,w we

With my, the mass flow rate of the working fluid, Wpr the working fluid pumping

power due to the pressure difference between the evaporator and condenser, and
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hi, hz, h3 and h4 the specific enthalpy values of the corresponding points in Figure
2-3 and Figure 2-4. The specific enthalpy values at points 2 and 4 are assessed
from the temperature at those points for a fluid in a saturated state using the
software REFPROP (E. W. Lemmon et al,, 2018).

2 L
Evaporator]

3
Condenser { <
1 4
Figure 2-3: Description of the Rankine cycle.
Ty
2
33
» S

Figure 2-4: Temperature - entropy diagram of a Rankine cycle.

Then, enthalpies at points 1 and 3 are calculated using the working fluid

pump and turbine efficiencies, respectively n,r and n; according to equation
(2-23):
hy — h4

n p.f

h3 = hz(l - T]T) + nTh’3 and hl = h4 + (2-23)

where h’y and h’; are the enthalpy values of the corresponding points in Figure 2-3
and Figure 2-4. These are calculated from REFPROP. For the point 3’, the specific
enthalpy value is computed at the temperature at point 4 and the entropy at point

2, as 3’ is the result of an isentropic transformation from point 2. For point 1’, both
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the pressure at point 2 and entropy at point 4 are required and calculated from

REFPROP using the corresponding temperatures and assuming a saturated state.

The saturation temperature in the condenser, T4 = T3, is derived from the

following equality:

(T4 - Twc,out - (Twc.in - T4)

Qwe = Cuc (Twc,out - Twc,in) = UA

T, — T,
In ( 4 Wc,out) (2-24)
T4 - Twc,in
ATLmTD

where AT.yp is the logarithmic mean temperature difference.

Thus,
Twc,in - Twc,out
UA l (T4 — Twc,out) = —Cwe(Twein — Twe,out) (2-25)
n —————————————————————
T4 - Twc,in

Therefore, using Equations (2-4), (2-5)and (2-25), T4 can be deduced:

Twein — T, eNTUwe
T4 _ _wain wc,out (2-26)

EWC
Using the same method applied to the saturation temperature in the evaporator, it
comes:

NTU
Tz — Twe,in - Twe,oute we (2-27)

EWE

2.2. Optimization process

Now that both objective functions have been expressed, it is possible to
proceed with the optimization itself. For both cycles, optimization inputs remain
the same i.e. inlet seawater temperatures and properties as well as heat exchanger
specifications. Result for three versatile plate heat exchangers from Kushibe &
Ikegami (2006) are studied and compared. Their specifications are given in Table
2-1.

The first plate heat exchanger (PHE 1) was designed for high pressure and
temperature and is used as an evaporator in power generation based on hot
springs, PHE 2 is a herringbone heat exchanger, and PHE 3 was invented by Prof.
Uehara to be both a condenser and an evaporator (Kushibe & Ikegami, 2006).
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Seawater properties are calculated at a salinity of 35 ppt and atmospheric
pressure using the seawater properties Software developed by the Massachusetts
Institute of Technology (2016), and based on the work presented by Sharqawy et
al. (2010) and Nayar et al. (2016). A temperature sensitivity analysis is performed

later on.
Table 2-1: Heat exchangers specifications.
Heat Exchanger PHE 1 PHE 2 PHE 3
Length L (mm) 960 718 1765
Width Wi (mm) 576 325 605
Thickness t (mm) 0.7 0.5 0.6
Mean channel spacing é (mm) 4.00 3.95 2.68
Material SUS316 Titanium Titanium
Thermal conductivity A, (W.m-1.K-1) 16.3 21 21
Pattern Herringbone Herringbone Fl::;g
(72 (30%) drainage
Number of plates 120 20 52
Total heat transfer area A (m?) 100.3 3.96 40.6
Total cross surface area S (m?) 0.140 0.012 0.041
d (Nusselt correlation coefficient) 0.111 0.058 0.051
Yy (Nusselt correlation coefficient) 0.8 0.8 0.8
n (Nusselt correlation coefficient) 1/3 1/3 1/3
Q (friction factor correlation coefficient) 1.4863 6.5059 0.7371
¢ (friction factor correlation coefficient) -0.0540 -0.3292 -0.1274

The optimization is run within Matlab R2019b (The MathWorks, Inc., 1990 -
2019) and is based on the SQP (Sequential Quadratic Programming) algorithm
using the function “fmincon” (MathWorks®, n.d.). As the name implies, “fmincon,”
is an algorithm that search for the minimum of a given function, which, in this
chapter is -wner. To ensure that the result is indeed a global minimum and not a

local one, calculations are performed for several starting point randomly
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generated within the specified boundaries. Once the optimization is done, outputs
are the maximum net power output to heat transfer area ratio and the set of
variables for which such a maximum is reached.

2.2.1. Carnot cycle

As shown in Equation (2-21), the objective function for the Carnot cycle only
depends on the seawater Reynolds numbers in the heat exchangers. These
variables are limited so that the corresponding velocity remains between 0.2 m/s
and 1.8 m/s; a range reachable in plate heat exchangers. Due to the relatively
simple function formulation, no constraints are required for this cycle.

2.2.2. Rankine cycle

In addition to both seawater Reynolds numbers, the working fluid mass flow
rate is also a variable in the Rankine cycle case. Moreover, contrarily to the Carnot
cycle, seawater temperatures at heat exchangers’ outlets are required when
optimizing this cycle. They are introduced as variables in the optimization, raising
the total of variables to five; Rewe, Rewe, Tweout, Tweour, and my Temperature
boundaries are taken between the inlet warm seawater temperature and the inlet
cold seawater temperature, and the working fluid mass flow rate is limited to a

value corresponding to a seawater velocity of 1.8 m/s.

For the working fluid properties, as calling the REFPROP library accounted
for most of the computational time, polynomial correlations were interpolated
using data from REFPROP within a range that cover OTEC operational conditions

in terms of temperature.

Because of the introduction of three additional variables, two heat balance

constraints - Equations (2-28) and (2-29) - are added to the optimization.
Cws(Twe,in - Twe,out) = ms(hy, — hy) (2-28)
Ces (Twc,out - Twc,in) =mg (hz — hy) (2-29)

During the optimization, described in Figure 2-5, random initial values for
the parameters are taken, then, evaporation and condensation temperatures are
computed to allow for the assessment of the objective function, as well as the
constraints violation. Next, the algorithm computes another set of variables in an

attempt to decrease the objective function and/or the constraints violations.
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Figure 2-5: Flow chart of the optimization process for the Rankine cycle.

2.3. Comparison with standard method

Here, the method developed in the previous section is compared with a
standard method from the literature, which is summarized in Figure 2-6 (Uehara
& Ikegami, 1990). Once input data are provided, parameters are assessed, and
used to compute the heat transfer area of both heat exchangers. The net power
output is then computed, followed by the objective function given in equation
(2-30).

A+ AL

(2-30)
Whet

14

As long as an optimum is not reach, new parameters are computed and the whole
process starts again. This type of scheme is rather common in optimization
processes. However, the complexity of the method comes from the computation of
the heat transfer area, which is described in Figure 2-7 for the evaporator. The
Figure 2-8 shows a representation of all the heat values that are used within the

process.
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Figure 2-6: Flow chart of the method developed by Uehara & Ikegami (1990).

Ns, Ds, h/D are the turbine specific speed, specific diameter, and blade height to diameter ratio, respectively.

The working fluid side wall temperature, as well as the seawater outlet
temperature are first assumed, and the heat transfer area is computed using
Equation (2-31). Then, the heat received by the boiling working fluid Qp, the heat
through the plate Qp and the heat due to convection on the seawater side, Qwe,conv
are computed. Next, the working fluid side wall temperature is modified until the
equality between Qweconv and Qp is obtained. In a similar way, the seawater outlet
temperature is changed until the equality between Qweconv and Qp is obtained. At
each iteration where the seawater outlet temperature is modified, the process of
computing the working fluid wall temperature according to Qweconv and Qs is once
more required.

Ae — Qwe,lost (2_31)
UATLMTD
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Figure 2-8: Representation of the heat flux involved in the heat transfer area computation process.
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A similar process is used for the condenser, adding to the complexity and
computational time required to perform the optimization. In comparison, the
method developed in this chapter consists in the maximization of a single objective
function that depends on two variables for the Carnot cycle, and the maximization
of an objective function depending on five variables and subject to two constraints
for the Rankine cycle. In each iteration, the objective function and constraints are
only computed once before different parameters are assessed. The fact that the
required temperatures are introduced as parameters and controlled through
constraints functions rather than being assumed and modified as it is the case in
the method from Uehara & lkegami (1990), further decreases the required

computation time.

2.4. Optimization Results

2.4.1. Carnot cycle results

After optimization, the normalized net power output wpe is plotted as a
function of both Reynolds number in Figure 2-9, Figure 2-10, and Figure 2-11. Heat
transfer coefficients, friction factors, pressure drops, pumping powers, and mass

flow rates are summarized in Table 2-2.

Although these results cannot predict the net power output of an actual OTEC
power plant nor the optimum parameters, as it is based on an ideal Carnot cycle
and as the pressure drop within the pipes are neglected, results show that, for a
wide range of Reynolds numbers, the net power output can easily reach a negative
value. The Reynolds number range for such an outcome is even wider in an actual
power plant, which shows how critical the choice and control over the seawater
mass flow rate are. Indeed, depending on which heat exchanger is used, the net
power output can be very sensitive to a change in Reynolds numbers. According
to Figure 2-9 and Figure 2-10, although it is not the heat exchanger leading to the
maximum net power output, PHE 2 is by far less sensitive to a Reynolds number
variation, and can be preferred in case Reynolds numbers cannot be fixed or

controlled easily.
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Table 2-2: Seawater heat transfer coefficients, friction factors, pressure drops, and mass flow rates inside the
heat exchangers.

PHE1 PHE2 PHE3

awe (kW/m2K) 1801 1146  9.717
awc(kW/m2K) 1275 8102  6.849

e (<) 0.833 0327 0.248

fuwe (=) 0.868 0.402 0.269
APye (kPa) 112.6 5398 1116
APy (kPa) 116.7 6636  120.0
Wiwe (KW) 1146 0613  3.78
Wewe (KW) 11.81 0751  4.030
Muwe (Kg/s) 1040 11.61 3457
Mue (kg/s) 1040 11.63  34.52

Wnet = f(Rewe’Rewc)
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Figure 2-9: Maximum net power output per square meter of heat transfer area for an OTEC power plant as a
function of Reynolds numbers using PHE1 as both evaporator and condenser.
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Figure 2-10: Maximum net power output per square meter of heat transfer area for an OTEC power plant as a
function of Reynolds numbers using PHEZ2 as both evaporator and condenser.
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Figure 2-11: Maximum net power output per square meter of heat transfer area for an OTEC power plant as a
function of Reynolds numbers using PHE3 as both evaporator and condenser.
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Based on the OTEC system maximum net power output per unit of heat
exchanger surface area, Wnpetmax, it is possible to compare heat exchangers
performances. Results in Figure 2-9 to Figure 2-11 show that Wpesmax varies
significantly from one heat exchanger to another. An especially huge difference can
be noticed between PHE 3 and the two others; PHE 1 and PHE 2 respectively lead
to @ Whnetmax that is 162% and 151% higher than PHE 3. Indeed, although PHE 3
presents the lowest friction factor, it also has the lowest heat transfer coefficient.
Besides, PHE 3’s plate length is more than twice the length of the other plates, and
its equivalent diameter is also smaller. These explain the higher pressure drop in
PHE 3 than in PHE 2, as the pressure drop increases with the plate length as well
as the squared velocity, which tends to be higher when the equivalent diameter is

small.

PHE 2 leads to a Wnermax that is only 4.2% lower than PHE 1 despite a heat
transfer coefficient 36 to 37% lower, which is explained by a friction factor 53 to
61% lower in case of PHE 2. Regarding the optimum Reynolds numbers, values for
PHE 1 are found to be 20% lower than for PHE 2. From this, a heat exchanger that
could lead to a higher wnesmax than PHE 1, while also having a lower heat transfer
coefficient, is easily conceivable given a low enough pressure drop. Such a heat
exchanger would have the advantage of being less sensitive to a change in the
Reynolds numbers. However, a high pressure drop heat exchanger would require
relatively low optimum Reynolds numbers i.e. a lower pumping power to

counteract the pressure drop within the pipes and/or lower pipe diameter.

The results of the sensitivity analysis to see the effect of a change in the

seawater temperature are shown in Figure 2-12, Figure 2-13, and Figure 2-14.

Results show that a decrease of 2 K induces a 20% decrease in Wnetmax
compared to a decrease of 35% found by Yeh et al. (2005) for the same
temperature difference, but a warm seawater temperature 5 K lower. For a
temperature drop from 301 K to 298 K, Sinama et al. (2015) found a 40% decrease
in the net power output compared to 33% for the same temperatures in the
current work. This figure is a little higher and reach 44% in the work from Uehara
& lkegami (1990), still for the same temperature change. Finally, VanZwieten et

al,, (2017) showed a decrease of 20% and 16% in Wnetmax When the temperature
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changed from 20.12 °C to 21.72 °C and from 20.12 °C to 21.37 °C, respectively,
against a 17% drop in this study when a 1.5 °C change occurred in the current
work. However, all these authors considered the pressure drop within the water
pipes as well as, to some extent. the working fluid circulation pump, which can

explain the discrepancy between their work and this chapter’s results.
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Figure 2-12: Maximum net power output per square meter of heat transfer area as a function of the seawater
temperature difference for the Carnot cycle.

A change in the seawater temperature also affects the optimum Reynolds
numbers even though the Reynolds numbers difference from one heat exchanger
to another remains the same. Indeed, a temperature decrease has limited effect on
the pressure drop within the heat exchanger, whereas it significantly decreases
the gross power output. As the friction factor hardly changes, the higher the
temperature difference, the more an increase of the Reynolds number results in

an increase of the heat transfer coefficient.

Finally, the seawater temperature does not affect which heat exchanger lead
to the highest wpe,max. However, the change in the optimum Reynolds numbers as
well as the increase of the range for which wnesmax is negative, adds to the

importance of carefully selecting and controlling the seawater flow rate.
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Figure 2-13: Seawater Reynolds number in the evaporator as a function of the seawater temperature

difference.
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Figure 2-14: Seawater Reynolds number in the condenser as a function of the seawater temperature

difference.
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2.4.2. Rankine Cycle Results

The optimization was once more performed for the same plate heat
exchangers. Constraints violations for optimization results at an inlet warm
seawater of 303.15 Kand an inlet cold seawater temperature of 278.15, for all heat
exchangers are given in Table 2-3. These values are relatively low compared with
those of the constraints components, which vary between ten to the power five to

ten to the power six, indicating that constraints were successfully met.

Table 2-3: Constraints violation for all three heat exchangers at Twe,in = 303.15 K and Twcin = 278.15 K.

PHE1 PHE2 PHE3

evaporator heat balance 3x107 5x10° -1x10-°

condenser heat balance 6x108 6x108 2x10-°

The values obtained from the Rankine cycle optimization are summarized in

Table 2-4 for the three tested heat exchangers (Kushibe & [kegami, 2006).

Table 2-4: Comparison between the Carnot and Rankine cycles.

PHE 1 PHE 2 PHE 3

Carnot Rankine Carnot Rankine Carnot Rankine

Wretmax (W/m?) 538 408 515 392 205 155
Rewe 7054 6453 8850 7998 5207 4731
Viwe (/) 0743  0.679 0943 0852 0818  0.743
Rewc 3749 3443 4714 4264 2763 2520
Viwe (m/) 0738 0.678 0940 0851 0812  0.741

As expected for a real cycle, values Wpetmax found for the Rankine cycle
optimization is lower than for the Carnot cycle. Besides, the change in optimum
Reynolds numbers suggests that calculation to accurately assess Wnetmax Should be
realized after selecting the suitable heat exchangers to find the actual optimum

operating conditions.

Heat transfer coefficient, friction factors, pressure drop as well as pumping
power are given in Table 2-5. In the Carnot cycle, as no losses occurs, the amount
of power generated for a given seawater flow rate is higher than what the Rankine

cycle can generate. The friction factor, however, is computed the same way for
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both cycles. Therefore, the Carnot cycle allows for higher Reynolds numbers
within the plates, leading to a lower heat transfer coefficient and lower power

output in case of the Rankine cycle.

Table 2-5: Heat transfer coefficient, friction factors, pressure drop and pumping power for the Carnot and
Rankine cycle and for all heat exchangers.

PHE 1 PHE 2 PHE 3

Carnot Rankine Carnot Rankine Carnot Rankine

awe (kW.m-2K1)  18.01 16.82 11.46 10.57 9.717 9.00
awe (kW.m2.K-1) 12.75 11.91 8.102 7.477 6.849 6.366

fwe (-) 0.833 0.837 0.327 0.338 0.248 0.251
fwe (-) 0.868 0.873 0.402 0.415 0.269 0.272
APy (kPa) 112.6 94.76 53.98 45.58 111.6 93.25
APy (kPa) 116.7 98.94 66.36 56.12 120.0 100.9
Wewe (KW) 11.46 11.03 0.613 0.592 3.78 3.582
Wewe (kW) 11.81 11.50 0.751 0.728 4.030 3.865

Similarly to the Carnot cycle optimization, a sensitivity analysis was

conducted and results are presented in Figure 2-15, Figure 2-16 and Figure 2-17.
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Figure 2-15: Maximum net power output per square meter of heat transfer area as a function of the seawater
temperature difference.
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Figure 2-16: Seawater Reynolds number in the evaporator as a function of the seawater temperature
difference.
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Figure 2-17: Seawater Reynolds number in the condenser as a function of the seawater temperature
difference.

Regarding whnesmax, in addition to this optimization, a comparison with the

study realized by Uehara & Ikegami (1990) is made in Figure 2-15. Results found

58



Chapter 2 - OTESC Cycle Optimization

in the current optimization range from 81 W/m2 to 408 W/m? for PHE 3 at the
lowest temperature difference and PHE 1 at the highest temperature difference,
respectively. Uehara & Ikegami (1990) found a Wnetmax, of 153.9 W/m?2 and 236
W/m?2 for a AT of 20 °C and 23 °C, respectively. This situates the heat exchanger
they considered between PHE 2 and PHE 3, which lead to a Whnetmax, of 81 W/m?
and 208 W/m?, respectively, at a AT of 20 °C, and 121 W/m? and 310 W/m?2,
respectively, at a AT of 23°C. These values are in the range of what is found in the
current study, and are significantly lower compared to PHE 1. Optimization using
the same heat exchangers as those from Uehara & lkegami (1990) was also
realized as seen in Figure 2-15, and it was found that the current method tend to

overestimate the net power output to heat transfer area ratio.

Another comparison can be realized with the study of Bernardoni et al,,
(2019) who showed a net power output of 167W/m? and a gross power output of
278 W/m?2 for a AT of 24°C, which is lower than the 310 W/m? found with PHE 2
at a AT of 23°C. Again, their work included working fluid side heat transfer and
pressure drop as well as pressure drop within the water pipe, although only the

latter contributed to decreasing the gross power output.

Both these studies are more accurate than the presented one; their goal was
to precisely assess the net power output of the system, either to calculate a reliable
LCOE in the case of Bernardoni et al. (2019), or for a very specific OTEC power
plant design in the case of Uehara & Ikegami (1990). The current study, however,
focuses on comparing the performance of heat exchangers, therefore, such
accurate assessment is not as relevant. In comparison, there is still plenty of room
for increasing the OTEC system performance regarding the choice or optimization
of the heat exchangers in their methods. Regardless, the trend obtained by Uehara
and Ikegami is consistent with what was found in this work as shown in Figure
2-15.

As for the Carnot cycle, a temperature change has a significant effect on the
maximum net power output of the OTEC system. A 20% decrease in Wyetmax 0OCCUTrS
with a decrease of two degrees in the temperature difference, and a 46-47%
decrease is observed with a decrease of five degrees in the temperature difference,

depending on the heat exchanger. These values correspond to what was found for
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the Carnot cycle. The heat exchanger leading to the highest value of Wyetmaxdo not
vary with the temperature although the gap between two different heat
exchangers varies along with the temperature. The optimum Reynolds number
also tends to increase as the temperature increases, which confirms the need of an
accurate assessment of the optimal operating point for each specific power plant.
The Reynolds numbers difference between one heat exchanger to another seems
to remain the same as with the Carnot cycle, with values 19% to 41% lower than
PHE 2 for PHE 1 and PHE 3, respectively.

Although the maximum net power output and optimum Reynolds numbers
vary from the Carnot cycle to another, the preferable heat exchanger remains the
same. Indeed, the ratio of wnesmax achieved using a Rankine cycle over the one
achieved using the Carnot cycle is found to be fairly constant, with figures around
0.76 for all heat exchangers and for all the computed A4T. It is therefore possible,

for heat exchanger selection, to base the calculation on the Carnot cycle only.

With the Rankine cycle optimization, it is also possible to check the boiling

and condensation temperatures, which are shown in Figure 2-18 and Figure 2-19.

Inside the evaporator, the heat transfer coefficient increases as the warm
seawater temperature increases, and more energy can be transferred from the
warm seawater to the working fluid, leading to an increase of both the operating
pressure and boiling temperature, and, therefore, an increase of the gross power
output generated by the turbine. A similar phenomenon is observed in the
condenser; as the cold seawater temperature decreases, the amount of energy that
can be transferred to the seawater increases, reducing both saturation
temperature and pressure, thus, leading to an increase in the turbine gross power

output.
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Figure 2-18: Working fluid boiling temperature as a function of the seawater temperature difference.

oPHE1TT

289
. =30°C
wein
é A PHE 2 Twein =30°C
288 & PHE3T . =30°C|
wein
A o PHE 1 TWcin =5°C
-, 8 A PHE 2 Twcin =5°C |
¢ PHE3T _ =5C
Q A
=, 286 8 1
|_
285
A
284 A é |
A v
283* ' ' < '
20 21 59 23 24
AT (K)

25

Figure 2-19: Working fluid condensation temperature as a function of the seawater temperature difference.
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In OTEC power plants, the pressure drop plays a major role in the choice of a
heat exchanger. A study solely focusing on the heat transfer performance might
reach to a completely different conclusion regarding which heat exchanger to use
as the power output would increase without limit with the Reynolds numbers. The
limitation induced by the pressure drop within the heat exchangers can be seen
easily in the Carnot cycle results; without pressure drop consideration, the net
power output cannot be negative nor decrease as the Reynolds numbers increase.
However, Figure 2-9 to Figure 2-11 present parabolic graphs that include areas of

negative net power output.

2.5. Conclusion

The goal of this section was to develop a method to compare heat exchanger
performance based on the OTEC system’s maximum net power output to heat
transfer area ratio. An objective function of the net power output per unit of heat
exchanger surface area has been derived for both the Carnot and the Rankine cycle.
These functions considered both the seawater heat transfer coefficient and
pressure drop within the heat exchangers, and were maximized through
Matlab(The MathWorks Inc., 1990 -2019). The method was then showcased for
three heat exchangers from the literature at four temperature differences. Each
value of temperature difference included two points and considered an increase
of the cold seawater temperature or a decrease of the warm seawater
temperature. The evaluation method that was developed differs from others

thanks to its relative ease of use. The following conclusions were made.

e For the sole purpose of a heat exchanger comparison, calculations
based on the Carnot cycle for any source temperature were sufficient,
as the cycle and temperature difference do not have an impact on the
choice of the heat exchanger even though they do change the power
output and optimum operating conditions. The Rankine cycle
calculations presented a maximum net power output to heat transfer
area ratio 24% lower than for the Carnot cycle. For both cycle, a
decrease in the net power output of ~10% each time a temperature

difference decrease of 1 °C was observed. The evolution of the power
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output as a function of the temperature difference was found to follow

the same trends as found in other studies.

e The maximum net power output was found to highly depends on the
chosen heat exchangers. For the highest temperature difference, the
most suitable heat exchanger among the three considered led to a
maximum power output 162% and 165% higher than the worst heat

exchanger for the Carnot and Rankine cycles, respectively.

e Due to the trade-off that exists between the heat transfer coefficient
and the pressure drop, the heat exchanger presenting the highest heat
transfer coefficient is not necessarily the one that will lead to the
highest maximum net power output. In this study, for the Carnot cycle,
PHE 2 competed with PHE 1 as it led to a maximum net power output
that was only 4.2% lower than the one of PHE 1, even though its heat

transfer coefficient was 36% lower.

e Heat exchangers with a high pressure drop and those with a low
pressure drop have been found to have their own advantages and
drawbacks. High pressure drop heat exchangers require lower
Reynolds numbers, and, therefore, a smaller pumping power and/or a
smaller pipe diameter are needed. Low pressure drop heat exchangers
are less sensitive to a change in the Reynolds numbers, which can be
useful in case a change in the operating conditions is needed. This is
even more important as the results showed that negative net power

output can be reached for low enough Reynolds numbers.

If the most suitable heat exchanger was found, assessments of the maximum
power output and the optimum operating point are not accurate enough to be used
for OTEC design. Working fluid heat transfer coefficient as well as fouling thermal
resistance were neglected; however, as they can have a significant impact on the
OTEC performance, they should be further studied in the future. In addition, the
comparison can only be done with existing heat exchangers, as specific
correlations for the heat transfer coefficient and the pressure drop are needed;

thus, it is difficult to know in advance what the effect of a specific design will be.
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Chapter 3.

ACCURACY IMPROVEMENT AND
OPTIMIZATION OF HEAT EXCHANGER
GEOMETRY.

The method in Chapter 2 allows the comparison of different heat exchangers
once the heat transfer and pressure drop correlations are known. However, it does
not take into account the heat transfer coefficient and pressure drop of the
working fluid. Neither does it allow an optimization of the plate heat exchangers’
geometry design parameters. The goal of this chapter is to tackle these two issues

by introducing the working fluid heat transfer coefficient and pressure drop
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correlations, and changing waterside correlations from heat exchanger specific
ones to global ones. These correlations use the plate heat exchanger chevron angle
p as well as the enlargement factor ¢ which is defined as:

Aerr
A

$ = (3-1)

proj
With Aefr, the effective heat transfer area and Apro;, the projected heat transfer area.

This enlargement factor can be approximated using the following equation from

Amalfi et al. (2016a):
72
1+J1+722+4 1+7 (3-2)

Where the parameter Z is defined as a function of the mean channel spacing § and

N

the corrugation pitch A:

_7T6
A

(3-3)

Furthermore, some correlations are based on the hydraulic diameter rather
than the equivalent diameter. This hydraulic diameter, Dp, is defined as the
equivalent diameter D.q divided by the enlargement factor ¢. The chevron angle S,
corrugation pitch 4, and mean channel spacing 6 are defined in Figure 1-10 and

Figure 1-11 along with the length, L, and width, Wi.
3.1. Objective function and Optimization parameters

The objective function is based on the Rankine cycle and is similar to
Equation (2-22). However, the effect of the working fluid pressure drop within the
heat exchangers on the net power output must be included. To get a better
comparison of the plate geometry, the net power output is computed using a single

active plate of heat exchanger.

1

Whet = m mf(hz —h3) — ms(hy — hy) — WPfAPe - Whp,. = Whp,, G4

We Wp s

Where Wps is the pumping power due to the pressure difference between the

evaporator and condenser, and WPfAPe is the pumping power required to
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counteract the working fluid pressure drop within the evaporator. The effect of

the working fluid pressure drop in the condenser is discussed in the next section.

In the Rankine cycle optimization of Chapter 2, the seawater outlet
temperatures at both heat exchangers are guessed and the saturation temperature
of the condenser and evaporator, which are required to compute the gross power
output, are derived from the heat exchangers NTU as well as those two guessed
temperatures. The NTU is based on water properties which are assumed to be the
same as the water inlet properties. In this chapter, the NTU is computed from both
the water and working fluid heat transfer coefficients, thus, working fluid
properties are required. These properties can be computed through REFPROP.
However, to do so, the saturation temperatures in the heat exchangers are
required. Therefore, instead of guessing the seawater outlet temperature like in
Chapter 2, the optimization process is slightly changed and the working fluid
saturation temperatures are guessed. From these temperatures, it is possible to
compute heat exchangers’ NTUs, which are then used to compute the seawater
temperature at the heat exchangers outlet using the relation from Equation (2-24).
Introducing the working fluid heat transfer coefficient and pressure drop also
require two more variables, the mean vapor quality in both heat exchangers, which
are also guessed in the optimization process. A comprehensive flow chart is given

in Figure 3-1 at the end of section 3.3
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3.1.1. Gross power output

All the 7 parameters are firstly guessed within the following range:

Table 3-1: Boundaries of optimization parameters.

Parameter Min Max
Working fluid mass flow rate, mr (kg/s) 0.0001 5
Warm seawater mass flow rate, mwe (kg/s) v=0.1m/s v=18m/s
Cold seawater mass flow rate, mwc (kg/s) v=0.1m/s v=1.8m/s
Saturation temperature at the evaporator T Tou
outlet, T2 (K) ' '
Saturation temperature at the condenser Tos Tou
outlet, T4 (K) ' '
Mean vapor quality in the evaporator xe. (-) 0 1
Mean vapor quality in the condenser xc(-) 0 1

Twein and Twcin are the warm seawater and cold seawater inlet temperature,

respectively.

For the evaporator, it is possible to assume equal pressure between the inlet
and outlet, and subtract a term corresponding to the required pumping power to
the net power output equation as shown in Equation (3-4). However, as the
condenser outlet temperature is assumed, and looking at the cycle in Figure 2-4,
the working fluid pressure drop in the condenser does not affect the pumping
power, but rather induce a decrease in the available pressure difference at the
turbine, i.e., the pressure at point 3 is higher than the one for an isobaric heat
transfer. Therefore, the specific enthalpy at point 3’ - hypothetical point assuming
isentropic process - is computed as the enthalpy at pressure P3 = P4 + APcong, and
at entropy at point 2. Other points on the cycle are computed the same way as in
Chapter 2, using the saturation temperatures as well as pump and turbine
efficiencies.

3.1.2. Pressure drop
3.1.2.1. Seawater pressure drop

The seawater pressure drop in both heat exchangers is computed with a

correlation given in Equation (3-5), which can be used for a wide range of heat
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exchangers (Muley & Manglik, 1999). Although the authors stipulated that the
correlation is only correct in the 30° - 60° range, Kushibe & Ikegami (2006) found
a good agreement between this correlation and their data for PHE1, which

presents a chevron angle of 72°.

f, = (2.917 — 0.12778 + 2.016e352)(5.474 — 19.02¢ + 18.93¢?
(3-5)

—(0.2+0.0577sin (%+2.1> )

— 5.341¢%)Re

The pumping power required to counteract the pressure drop is computed

as:

_ 2f,LRed i, Reyp,
w De3qu waeqn P.w (3-6)

[ —
APy,

3.1.2.2. Working fluid pressure drop in the evaporator

For the working fluid in the evaporator, the correlation from Amalfi et al.
(2016b) given in Equation (3-7) is used. It was derived from a significant amount
of experimental points (1698 data points) with different working fluids - including
ammonia - chevron angle from 27° to 70°, and mass fluxes from 5.5 to
610 kg.m2.s1

fro = 15.698(2.1258*%9%3 + 0.955)We; 475Bd %255 p* 0571 (3-7)

p" is the ratio between the liquid and vapor density. We and Bd are the Weber and
Bond numbers, they are non-dimensional numbers often used in multiphase flow
and describe the ratio between the fluid inertia and its surface tension, and the
ratio between the gravitational forces (buoyancy) and the surface tension forces,

respectively. They are given in Equations (3-8) and (3-9).

G2D
We ] h (3'8)
PmO
2
Bd = (p1 — pr) gDy (3-9)
)

G is the working fluid mass flux and pm is the homogeneous density for which the

two-phase flow is treated as a single fluid at the average vapor quality:

68



Chapter 3 — Accuracy Improvement and Optimization of Heat Exchanger Geometry

1 _x+1—x (3-10)

p_m_ﬁ Pr

The pressure drop is computed from the friction factor using Equation (3-11):

2
sp,, = HieliLe 611
pmeDhe
Then, the pumping power required is derived using Equation (3-12):
Wy, =—2 ap (3-12)
Frare Pre NP, Te

3.1.2.3. Working fluid pressure drop in the condenser

For the condenser, the pressure drop is directly computed from the single
phase pressure drop of both the vapor and liquid phases, as recommended by Tao
& Ferreira (2020) when it comes to ammonia. Same authors also published
general heat transfer and pressure drop correlations for condensation in plate
heat exchangers, however, the experimental database from which it was derived
did not include ammonia as the working fluid (Tao & Ferreira, 2019). Therefore,
the frictional pressure drop model they developed was not based on a wide range
of experimental data. More exactly, their data points are limited to their own
experiment using a plate heat exchanger with a chevron angle of 62° (Tao et al,,
2020). Nevertheless, they attempted to give an accurate correlation for ammonia
in plate heat exchangers which depends on the chevron angle and Reynolds
numbers of both phases. The equations they used to compute the single phase
pressure drop are different form the one from Muley & Manglik (1999) and are
given in Equations (3-13) to (3-15):

-1
f= / cos f8 4 1—cos ﬁ\ (3-13)
\JO.18 tanp + 0.36sinf + (:%TT}? Vi /

With

64Re~ 1! if Re < 2000

— 3-14
furs {(1.8 In(Re) —1.5)"2  ifRe = 2000 (3-14)
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A {3.8(597Re‘1 +3.85) ifRe < 2000 (3-15)
LTz ™ | 3.8Re 0289 if Re > 2000

The Reynolds numbers used to calculate the single phase friction factor are

defined in Equations (3-16) and (3-17) for the vapor and the liquid phases,

respectively:
G.x.D
Re, = —< " (3-16)
Hy
G.(1—x.)D
e, = 22 M )Dn (3-17)
l

The pressure drop of the two-phase flow is then computed as (Tao & Ferreira,
2020):

[G:(1—x)%L. . £,Gox2L,
APfC = Zpth + xcm + ZN/APVAPZ (3-18)

AP, AP,

3.2. Constraints functions

At this point, the value of the objective function is known for the guessed
parameters. However, to obtain a solution that is physically accurate, as in Chapter
2, some constraints on the parameters are added. The constraints are the heat
balance in both heat exchangers, which are the same as in Chapter 2, and two more
constraints forcing the average quality to be equal to half the absolute value of the
difference between the inlet and outlet quality of the heat exchangers, which
should be 0.5 in this optimization. All the constraints are given in Equations (3-19)
to (3-22).

Cwe (Twe,in - Twe,out) = ms (h, — hy) (3-19)
Cuwe (Twc,out - Twc,in) =mg (hs — hy) (3-20)
X = 1<Cwe (Twe,in - Twe,out)) (3-21)

2 meheat,e
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X, = 1<ch (Twc,out - Twc,in)> (3-22)
2 My Lpeat,c

The seawater temperature at the outlet of the heat exchangers are derived in
a similar way as Chapter 2, (See Equation (2-24)) and are given in Equations (3-23)
and (3-24). One difference is that the working fluid saturation temperature at the
condenser inlet is not equal to working fluid saturation temperature at the outlet
due to pressure drop, and the assumption that T3 - T4 <<Twcout — Twein must be

taken. This effect is neglected in the evaporator.
Tweour = Ts — (Ty = Tyein )€ NTVe (3-23)
Tweout = To + (Tyein — T»)e NTVe (3-24)
NTUs are computed using the Equation (3-25):

-1
NTU = 4 (L + L + i) (3-25)

Cw\dw 4,

3.2.1. Seawater heat transfer coefficient
As for the seawater pressure drop, a global correlation that depends on the
chevron angle as well as the enlargement factor is used (Muley & Manglik, 1999):

Nu,, = (0.2668 — 0.0069678 + 7.244 - 107562)(20.78 — 50.94 + 41.16¢>

. (mp 1 0.14 (3-26)
_ 10.51¢3)Re<0.728+0.054351n (45 +3.7) )Pr§ ( K >
Hwaii

This Nusselt correlation uses the ratio between the mean viscosity, taken as
the inlet viscosity, and the viscosity at the wall condition. However, as the
temperature difference between the seawater and the ammonia within the same
heat exchanger is rather low, so is the difference between seawater inlet and wall
temperatures, thus, the viscosity ratio is considered equal to one within the
optimization. Seawater heat transfer coefficients are then deduced from the

Nusselt number using Equation (2-17).
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3.2.2. Working fluid heat transfer coefficient
3.2.2.1. Boiling heat transfer coefficient

As for the working fluid pressure drop within the evaporator, a correlation
from Amalfi et al. (2016b) is used. The equation differs according to the Bond
number as the boiling flow transitions from micro-scale to macro-scale at a Bond

number of 4:

{Nufe — 9826*1'101W60'315BOO'320p*_0'224 Bd < 4 (3-27)

Nufe — 18.4958*0.248 Reg'135Reﬁ')351Bd0'235B00'198p*_0'223 Bd > 4

With Reyv and Rej, the vapor Reynolds number and liquid only Reynolds number,
respectively. They are defined in Equation (3-28):

GxD GD
= " and Re,=— (3-28)

Re
v Uy 23]

Bo in Equation (3-27) is the boiling number and is defined as:

q

Bo =
GLheat

(3-29)

The heat transfer coefficient is computed from the Nusselt number by taking the

liquid thermal conductivity as reference.

3.2.2.2. Condensation heat transfer coefficient

The condensation heat transfer coefficient has two different components;
one governed by convective forces and the other by gravitational forces. When the
liquid Weber number defined in Equation (3-30) is higher than a critical value of
0.12, the condensation is taken as fully convective. Otherwise, for a liquid Weber
number smaller than 0.12, both mechanisms are involved and the heat transfer

coefficient is taken as in Equation (3-31)(Tao & Ferreira, 2020).

G*(1—x)%D
we, = - =)D (3-30)
P10¢

Afc = OQcony + (1- @)agrav (3-31)

aconv 1S the convective condensation heat transfer coefficient and agray, the

gravitational condensation heat transfer coefficient. © is a value between 0 and 1

72



Chapter 3 — Accuracy Improvement and Optimization of Heat Exchanger Geometry

and is equal to the maximum between 1 and the ratio between the liquid Weber

number and the critical Weber number (0.12).

The gravitational condensation heat transfer coefficient is given in Equation
(3-32):

0.25
gplApLheat/l?> p l% (3-32)

a = 0.36Co 028 ( T
grav ATy qu Dy

In this equation, 4p is the difference between the liquid and vapor densities, Co, is
the convection number defined in Equation (3-33) and ATwau is the difference
between the saturation temperature and wall temperature on the working fluid
side, which is computed from the heat flux conservation throughout the plate as

shown in Equation (3-34).

Co = \%(1 ;x)w (3-33)

A
1%

q = my (h3 - h4) = awcAc(Tw,c,wall - Tw,c,in) = t_Ac(Tf,c,wall - Tw,c,wall) (3-349)
p

From this, it comes:

mg 1 t
Tf,c,wall = Tw,c,in + A_c (h3 - h4) <awc + ﬁ (3-35)

The convective condensation heat transfer coefficient aconv in Equation (3-31) is

given by the following expression:
Acony = Ao (0.17C0_1'12FI‘1_0'2 + (1 _ xc)0.748) (3-36)

With ai, the single phase heat transfer coefficient assuming a fully liquid phase

and Fr, the liquid Froude number defined as:

G? (3-37)
B Pzz 9Dy

FI']

The single phase heat transfer coefficient is expressed as:

U )0.167 Al (3-33)

1
a;,, = 0.122(f,,sin 28 )0'374Reﬁ',748Pr§( o
h

Uwall
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fio is the single phase friction factor assuming a fully liquid working fluid and is
computed from Equations (3-13) to (3-15) based on Rej, defined in Equation
(3-28). Once again, the ratio of viscosity which appears in the heat transfer
coefficient equation is assumed to be equal to one due to the small temperature

difference on both sides of the plate.
3.3. Optimization Process

Using Equation (3-6) to compute the seawater pumping power, Equation
(3-12) to compute the working fluid pumping power due to the pressure drop
within the evaporator, and including, as discussed in Section 3.1.1, the working
fluid pressure drop within the condenser (Equation (3-18) in the determination of
specific enthalpies with respect to Section2.1.2, the value of the objective function
defined in Equation (3-4) can be evaluated. Then, using the seawater heat transfer
coefficient in both heat exchangers as well as working fluid heat transfer
coefficient in the evaporator and condenser defined in Equations (3-26), (3-27),
and (3-31), respectively, the NTU for both heat exchangers defined in Equation
(3-25) can be calculated. This leads to the computation of outlet seawater
temperatures in both heat exchangers, as shown in Equations (3-23) and (3-24).
These temperatures are used in constraint equations - (3-19) and (3-20) - to

ensure physically viable results while performing the optimization.

Input data for this optimization method are the inlet temperatures of the
warm and cold seawater, Twein and Twein, respectively as well as the heat
exchangers design parameters defined in Figure 1-10 and Figure 1-11, namely the
heat transfer length L, the width, Wi, the chevron angle f, the mean channel
spacing 8, and the corrugation pitch A. The effect of these input parameters on the
objective function is also investigated throughout Section 3.5. As shown in Table
3-1 there are 7 optimization variables which are the working fluid mass flow rate
my, the warm and cold seawater mass flow rates, mwe and mu., respectively, the
saturation temperature in the evaporator and condenser Tz, and T4, respectively,
and the mean vapor quality in the evaporator and condenser, x. and X
respectively. The comprehensive flow chart of this optimization process is given

in Figure 3-1.
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As for Chapter 2, seawater properties are computed at a salinity of 35 ppt,
inlet seawater temperatures, and atmospheric pressures using the seawater
proprieties software developed by the Massachusetts Institute of Technology
(2016). The maximum value of the objective function as well as the computation
of a new set of optimization parameters at each iteration is realized with Matlab
R2019b (The MathWorks, Inc., 1990 -2019), and the function “fmincon”, based on

a sequential quadratic programing algorithm (MathWorks®, n.d.).

Output: w,., mg m,,, m,, T, T, X,,

—
Input: T, Tyeiw L Wi, 6, A, B X,
Compute water properties Determine new mg m,,,,
at Twe,in and Twc,in mwcf Te/ Tc' Xe' Xc

I
Compute ¢ and A(=LWi ¢ ) (for
evaporator and condenser)

SQP algorithm

Optimum and C < €7

Parameters m; m,,, m,,, T.=T,
Tc = T4r Xer Xc . . .
i Compute constraints violations C
Compute W, Wp Whp i
fAPe’ we’ <
WP ComPUte Twe,outr Twc,out
wc

; i

Compute -w, . =- W, . /(A+A.) Compute NTU,, NTU.

Figure 3-1: Flow chart of the optimization process with global correlations, and including the working fluid
heat transfer coefficient and pressure drop.

3.4. Comparison with standard method

Compared with the method from Chapter 2, two more variables and two
more constraints are added. Although this accuracy improvement implies to
compute more data, namely the working fluid heat transfer coefficient and
pressure drop, the optimization process itself is identical, and, therefore, remains
simpler, in terms of computation time, than a standard method such as the one
developed by Uehara & Ikegami (1990).
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3.5. Results and discussion

3.5.1. Comparison between the seawater correlations

Before reviewing the optimization results, a comparison between the
correlations from Muley & Manglik (1999) and those used in Chapter 2 was carried

out.

Figure 3-2 shows the result of the comparison between the Nusselt
correlations used in Chapter 2 and the correlation from Muley & Manglik (1999)
for a seawater temperature of 303.15 K at atmospheric pressure. The global
correlation from Muley & Manglik (1999) tends to underestimate the Nusselt
number for both heat exchangers. Even on a restricted range from 1 000 to 11 000,
the maximum percentage error compared with the correlations used in Chapter 2
are of 40% and 43% for PHE 1 and PHE 2, respectively.

450 T T T T T T
ol —NuPHE1 (Chapter 2) |
— .NuPHE1 (Muley and Manglik)
350k |[— Nug,eo (Chapter 2) |
—— .NuPHE2 (Muley and Manglik)
300 [ 1
250 e
= = .
= e
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150 L 1
100 | P e |
Bt O e -
= e
0 1 L 1 1 1 1 1
0 2000 4000 6000 8000 10000 12000 14000
Re
Figure 3-2: Comparison between the Nusselt correlations from Chapter 2 and the one from Muley and
Manglik.

Regarding the pressure drop correlations, results are presented in Figure 3-3.
The correlation from Muley & Manglik (1999) highly underestimates the friction
factor for both heat exchangers with a maximum percentage error on the 1 000 -

10 000 Reynolds number range of 70% and 74% for PHE 1 and PHE 2, respectively.
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From Figure 3-2 and Figure 3-3, it clearly appears that using the
correlations from Muley & Manglik (1999) will lead to a less accurate prediction
of the maximum net power output of an OTEC power plant than specific
correlations. However, they present the advantage of including the chevron
angle and enlargement factor of the heat exchangers allowing for a comparison

based on plate heat exchanger geometry.
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Figure 3-3: Comparison between the friction factor correlations from Chapter 2 and the one from Muley and
Manglik.

3.5.2. Optimization of PHE 1 and PHE 2
3.5.2.1. Comparison with previous optimization

Optimization results are compared with those obtained in Chapter 2 as
shown in Table 3-2. Rankinerf refers to the Rankine cycle considering the working
fluid heat transfer coefficients and pressure drop, whereas Rankinew refers to the
Rankine cycle for which only seawater heat transfer coefficients and pressure drop

are considered.

Although Whpetmax is the maximum net power output per unit of heat transfer
area, it will be referred to as the maximum net power output throughout this

chapter.

77



Chapter 3 — Accuracy Improvement and Optimization of Heat Exchanger Geometry

Because the optimization uses correlations based on chevron angles, it is not
possible to get results from PHE 3, which does not have a herringbone geometry.
Also, for a more accurate comparison, Reynolds numbers given in Table 3-2 and
Table 3-3 are based on the equivalent diameter and not the hydraulic diameter,
which is used by some of the new correlations. Hydraulic diameter based Reynolds
number can be found by dividing the equivalent diameter based Reynolds number
by the enlargement factor ¢ of the heat exchangers, which are 1.159 and 1.155 for
PHE 1 and PHE 2, respectively.

Table 3-2: Comparison between the result of the Rankine cycle considering the working fluid heat transfer
coefficient and pressure drop with results considering only seawater ones.

PHE 1 PHE 2

Carnotw Rankinew Rankiner Carnoty Rankiney Rankines

Wretmax(W/m2) 538 408 251 515 392 210
Rewe 7054 6453 5014 8850 7998 5865

Vwe (M/s) 0743 0679 0528 0943 0852  0.625
Rewc 3749 3443 2724  A714 4264 3240

Vwe (m/s) 0.738 678 0537 0940  0.851  0.642

Results show a maximum net power output, that is slightly higher than half
of what was found for the Rankine cycle when only the seawater side was
considered. This shows that, contrary to what was assumed in Chapter 2, the
working fluid heat transfer coefficient and pressure drop need to be accounted for
when trying to give an accurate prediction of the net power output and optimum
operating point of an OTEC power plant. This being said, it should be noted that
the plate heat exchanger which lead to the highest net power output remains the

same.

The decrease in the seawater Reynolds number can be explained by the fact
that the working fluid heat transfer coefficient is no longer assumed to be much
greater than the seawater heat transfer coefficient, meaning that there is a limit to
the amount of heat that can be given or taken from the working fluid. To be sure
that the decrease in the seawater Reynolds number is not due to the different
seawater correlations, the optimization was also carried out using the correlations

from Chapter 2 for which the results can be seen in Table 3-3.
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The results from Table 3-3 confirm that the decrease in the seawater
Reynolds number is not caused by the difference between the correlations.
Moreover, despite the poor results obtained when comparing the correlations in
section 3.5.1, global correlations from Muley & Manglik (1999) only lead to a 5.4%
overestimation of the maximum net power output for PHE 1 and a slightly
underestimated one of 1.4% for PHE 2.

Table 3-3: Optimization results considering the working fluid side heat exchanger performances using the
seawater correlations from Chapter 2.

PHE 1 PHE 2

Whet,max(W/m?2) 238 213
Rewe 3465 4238
Vwe (M/s) 0.365 0.451
Rewc 1924 2296
Vwe (M/s) 0.379 0.458

To further explain the decrease in the maximum net power output as well as
in the seawater Reynolds numbers, the heat transfer coefficient of both fluids for

both the evaporator and condenser are given in Table 3-4:

Table 3-4: Comparison between seawater and working fluid heat transfer coefficient for both heat exchangers.

PHE 1 PHE 2

Seawater Working fluid Seawater Working fluid
ae (kW.m-2.K1) 9.82 5.26 5.72 3.56
ac (kW.m-2K1) 7.22 17.27 4.41 19.67

According to these results, the computed boiling heat transfer coefficient
using the correlation from Amalfi et al. (2016b) are found to be smaller than the
seawater heat transfer coefficient in the evaporator. This is believed to be the main
cause of the decrease of the maximum net power output as well as seawater
Reynolds numbers and is in contradiction with the assumption of a working fluid
heat transfer coefficient much greater than the seawater heat transfer coefficient
made in Chapter 2. Even in the case of the condenser, the working fluid heat

transfer coefficient is only 2.4 and 4.5 times higher than the seawater heat transfer
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coefficient for PHE1 and PHE 2, respectively, which is not sufficient to validate the

assumption.

Regarding the pressure drop values summarized in Table 3-5, the
assumption of a negligible working fluid pressure drop is validated in the
condenser which presents extremely low values of 217 Pa and 7.6 Pa, which
correspond to a working fluid temperature difference within the condenser of 0.01
and 3 x 104 K for PHE 1 and PHE 2, respectively. When PHE 1 is used, however,
the seawater side pressure drop is 4.6 times higher than the working fluid one,
which does not seem to be enough to validate the assumption. However, this
pressure drop corresponds to a pumping power of 0.1 W, against 34.4 W for the

seawater.

Table 3-5: Comparison of the seawater and working fluid pressure drop for both heat exchangers.

PHE 1 PHE 2

Seawater Working fluid Seawater Working fluid
AP, (kPa) 22.61 5.01 10.92 0.590
AP, (kPa) 27.25 0.217 12.82 7.6x103

3.5.2.2. Governing heat transfer coefficient equations

As specified in section 3.2.2, the boiling heat transfer coefficient equation
changes whether the flow boiling is micro or macro-scale with a transition value
when the Bond number, representing the ratio between the buoyancy forces and
the surface tension equals to 4. For both heat exchangers, the Bond number is
found to be greater than 4, - around 13 for PHE 1 and PHE 2- implying a macro-
scale phenomenon. Therefore, the dependency of the heat transfer coefficient on
the chevron angle is lower than what could be obtained in the micro-scale case as

it can be seen in Equation (3-27).

Regarding the condenser heat transfer coefficient, it can be divided into a
convective and a gravitational component, based on the value of the liquid Weber
number, which represent the ratio between the fluid inertia and the surface
tension. The Weber number at the computed optimum operating point is 0.0026
and 0.001 for PHE 1 and PHE 2, respectively, way lower than the 0.12 threshold,
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and implying a strong dependency on the gravitational component. Moreover, by
computing 0 in Equation (3-31), it appears that the heat transfer coefficient almost
only depends on the gravitational term, with ® being equal to 0.02 and 0.008 for
PHE1 and PHEZ2, respectively. This means that a consequent part of the heat
exchanger surface is in direct contact with the working fluid vapor rather than

being wetted with a liquid film (Tao & Ferreira, 2020).

3.5.2.3. Comparison with results from the literature and temperature difference
dependency

The maximum net power output is also computed for different temperatures
and compared with the data from Uehara & Ikegami (1990), which is shown in
Figure 3-4. The trend is the same as what was found in Chapter 2, and is consistent
with the data from Uehara & Ikegami (1990). By including the working fluid side
heat transfer coefficient and pressure drop, results are a lot closer to other

optimization results.

The result obtained by Bernardoni et al. (2019) - 167 W/m2 - is slightly
higher than what was computed for PHE 1 and PHE 2 at a temperature difference
of 20 K and 21 K, respectively.
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Figure 3-4: Maximum net power output per square meter of heat transfer area as a function of the seawater
temperature difference, including results considering working fluid side heat transfer coefficients and
pressure drop.

3.5.3. Geometry design parameter optimization

As specified in previously, the advantage of using a global correlation is the
possibility of comparing heat exchangers with various geometry designs. The goal
of this section is to investigate which plate heat exchanger design parameters are
the most suitable for an OTEC power plant. Chevron angle, mean channel spacing,
corrugation pitch, and aspect ratio defined in Figure 1-10 and Figure 1-11 are
investigated. The default plate is based on PHE 1, then design parameters are
changed one at a time.
3.5.3.1. Chevron angle

One of the main feature of plate heat exchanger is the surface treatment.
Because of the nature of the correlations, which are based on chevron angles and
enlargement factors, only herringbone type plate heat exchanger such as PHE 1
and PHE 2 are investigated. Before doing so, correlations equation must be closely
analyzed. The seawater Nusselt number correlation for chevron angle ranging

from 1° to 90° for a constant Reynolds number is given in Figure 3-5, on which
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correlation limitation are materialized by vertical red lines. The correlation
includes a polynomial function of  as well as a sinusoidal function of f§ in the
Reynolds number exponent, which can yield disputable results out of the validity
range. Indeed, it is found that the validity range coincide with the rising edge of
the correlation. Applying the correlation too far from its validity range will
coincide with the falling edge of the correlation, which may not be an accurate
description of the physical phenomenon. Even using a chevron angle of 72°, as it is
the case with PHE 1, can be disputable, even though Figure 3-2 showed a similar
percentage error between Muley & Manglik's (1999) correlation and Kushibe &
Ikegami's (2006) correlation when using PHE 1 with a 72° chevron angle and PHE

2 with a 30° chevron angle.
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Figure 3-5: Seawater Nusselt correlation at a constant Reynolds number for a chevron angle ranging from 1°
to 90°.

Regarding the seawater friction factor, however, the function does not
present such an abrupt variation as shown in Figure 3-6, and assuming the
correlation to be valid for values within a reasonable range outside of its normal

limitation may be a possibility.
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Similarly, such an assumption may be possible for the boiling Nusselt and
friction factor correlations as the chevron angle dependency is fairly
straightforward as seen in Equation (3-7) and (3-27).
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Figure 3-6: Seawater friction factor correlation at a constant Reynolds number for a chevron angle ranging
from 1°to 90°.

For the condenser, however, as specified previously, the experimental data
on which the heat transfer coefficient and pressure model are based uses a single
active plate with a chevron angle of 62° as a heat exchanger. Looking closer at the
Equations (3-31), (3-32), (3-36) and (3-38), it appears that only the convective
condensation term depends on the chevron angle. Besides, this component was
found to have a rather low impact on the overall condensation heat transfer
coefficient. Practically, for PHE 1 and PHE 2, the gravitational condensation term
was found to be higher than the convective condensation term by several orders

of magnitudes.

The chevron angle optimization was carried out for chevron angles ranging
from 30° to 72° as seen in Figure 3-7, and optimum values are found for chevron
angles of 70° and 68° for the evaporator and condenser, respectively. This only
corresponds to an increase of 0.6% in the net power output to heat transfer area
ratio. It should be reminded, however, that the base plate, PHE 1, presented
chevron angles very close to the optimum. These results do include out of bounds

values for the seawater Nusselt number correlation. The heat transfer coefficient,
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and, therefore, the maximum net power output, is likely to be underestimated as
the chevron angle increases from 60°. Thus, it is very likely that the found optimum
does lead to a higher maximum net power output than the 60° - 60° case which
would be the optimal point in the strict validity range of the correlation. What
remains unknown, however, is whether the maximum net power output increases
along with the chevron angle or if an optimum actually exist. A correlation valid on

a wider range of values would be needed to further investigate this matter.

net,max

w = 252 .4 W/m?

80
80 60 60

Figure 3-7: Maximum net power output per square meter of heat transfer area as a function of the chevron
angles of both the evaporator and condenser.

3.5.3.2. Mean channel spacing

The mean channel spacing is another important design parameter for plate
heat exchangers. For seawater correlations, experimental data are based on plates
with a mean channel spacing 6 of 2.54 mm. This mean channel spacing is used to
calculate the enlargement factor, equivalent diameter and heat exchanger channel
cross surface area and, although there is no validity range on the mean channel
spacing for the seawater correlations, one does exist for the enlargement factor,
which spans from 1 to 1.5. The maximum mean plate spacing for a given A can de
deduced by solving Equation (3-2) for an enlargement factor ¢ equal 1.5. This was

done using the Matlab function “fsolve”, which can solve nonlinear equation of the
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form f(x) = 0. Then, this result is used together with Equation (3-3) to find the
maximum mean channel spacing value, which was computed to be 7.7 mm for a
corrugation pitch A of 15 mm. Compared to chevron angles, for which heat
exchangers with values beyond the correlations validity range exist, it is difficult
to manufacture plate heat exchangers with an enlargement factor greater than 1.5
(Muley & Manglik, 1999).

Regarding the boiling correlations, enlargement factors of the experimental
database varied from 1.04 to 1.53 and mean channel spacing from 1 mm to 4 mm.
For the condenser, the plate heat exchanger presented a mean channel spacing of

1.72 mm.

w =319.8 W/m?
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Figure 3-8: Maximum net power output per square meter of heat transfer area as a function of the mean
channel spacing §.

Assuming all correlations valid within the 1 mm to 7.7 mm range, Figure 3-8
shows the results of the optimization. The highest maximum net power output -
320 W/m?2 - is obtained for 1 mm and 7.7 mm for the evaporator and the
condenser, respectively. Compared with PHE1, which presents a mean channel
spacing of 4 mm that coincide with a rather low value when looking at the graph,
it represents a significant 27% increase in the maximum net power output of the

OTEC system.
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In the evaporator, the seawater heat transfer coefficient shown in Figure 3-9
increase reaches a minimum for a mean channel spacing, 6., between 2 and 4 mm,
and increases as e increases or decreases from this minimum, with a highest heat
transfer coefficient at a 8. of 7.7 mm. The seawater pressure drop, however
increases as 8. decreases as seen in Figure 3-10. The working fluid heat transfer
coefficient represented in Figure 3-11, however increases as d. decreases. The
combined effect of the high working fluid heat transfer coefficient, and relatively
high seawater heat transfer coefficient when &, is around 1 mm results in an

optimal value &, of 1 mm for the evaporator despite the high pressure drop.

For the condenser, as seawater correlations do not differ, the trend of the
heat transfer coefficient and pressure drop is very similar to what is represented
in Figure 3-9 and Figure 3-10 for the evaporator, with a highest value of heat
transfer coefficient and lowest value of pressure drop reached for a condenser
mean channel spacing, 6. of 7.7 mm. Moreover, the working fluid mass flow rate
strongly depends on J, as seen in Figure 3-12. The increase of the mass flow rate
due to the increase of 8. induces a higher net power output to heat transfer area
ratio. As the only the negative effect of a high dc is the lower values of working fluid
heat transfer coefficient that are reached as seen in Figure 3-13, the optimum
condenser mean channel spacing value of 7.7 mm is easily conceivable. It should
be noted that the working fluid mass flow rate in Figure 3-12 also depends on &,

however, a low value of é. also results on a relatively high my.
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Figure 3-9: Seawater heat transfer coefficient in the evaporator as function of the mean channel spacing of
both heat exchangers.
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Figure 3-10: Seawater pressure drop in the evaporator as a function of the mean channel spacing of both
heat exchangers.
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Figure 3-11: Working fluid heat transfer coefficient in the evaporator as a function of the mean channel
spacing of both heat exchangers.
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Figure 3-12: Working fluid mass flow rate as a function of the mean channel spacing of both heat exchangers.
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Figure 3-13: Working fluid heat transfer coefficient in the condenser as a function of the mean channel
spacing of both heat exchangers.

3.5.3.3. Corrugation pitch

The corrugation pitch, also known as the corrugation wavelength is the
second parameter that determines the value of the enlargement factor ¢. As for
the mean channel spacing, for seawater correlations, the validity range is limited
by the enlargement factor The enlargement factor ¢ value of 1.5 mm corresponds
to a minimum corrugation pitch of 7.7 mm for a mean channel spacing of 4 mm.
The actual value of corrugation pitch of the plate heat exchanger used in the

experiment was 9 mm (Muley & Manglik, 1999).

Regarding working fluid correlations, the experimental database for the
boiling correlations, it regroups plate heat exchangers with corrugations pitch
ranging from 3.7 mm to 12 mm, whereas the condensation correlations are based
on a plate heat exchanger with a corrugation pitch of 6.67 mm(Amalfi etal., 2016b;
Tao & Ferreira, 2020).
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The optimization is realized with a corrugation pitch between 7.7 mm and 15
mm, the latter being the corrugation pitch of PHE 1. Results are given in Figure

3-14.

An optimum of 260 W/m?2 is found for the corrugation pitch of 10 mm and
10.5 mm for the evaporator and the condenser, respectively. This represent a 3.6%

increase compared to PHE1.

260 ~

Ac (mm) Ae (mm)

Figure 3-14: Maximum net power output per square meter of heat transfer area as a function of the
corrugation pitch, A, of both the evaporator and condenser.

As shown in Figure 3-15, the decrease in the corrugation pitches of both the
evaporator and condenser lead to the increase of the working fluid mass flow rate
in a similar way. This tends to increase the net power output of the system but also
impacts the evolution of working fluid heat transfer coefficients in both heat
exchangers. Indeed, as seen in Figure 3-16 and Figure 3-17 for the evaporator and
condenser, respectively, working fluid heat transfer coefficients in a given heat
exchanger depends of the corrugation pitches of both the evaporator and
condenser in similar magnitude. The working fluid heat transfer coefficient in the
evaporator increases as both corrugation pitches decrease, whereas the opposite
trend is observed for the condenser. An increase of the working fluid heat transfer
coefficient in the condenser as both corrugation pitches increase is observed,

although a minimum value is found around a condenser corrugation pitch, Ac of 9
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mm, from which the heat transfer coefficient slightly increases along with the
decrease of. A.. For the seawater side, the evolution of heat transfer coefficients
and pressure drops with respect to the corrugation pitches is very similar in both
heat exchangers as the same correlation is used. In the seawater case, the
evolution of heat transfer coefficients and pressure drop mainly depend on the
corrugation pitch of the considered heat exchanger. Graphs for the condenser are
reported in Figure 3-18 and Figure 3-19 for the heat transfer coefficient and
pressure drop, respectively. Heat transfer coefficient and pressure drop increase
along with the corrugation pitch. In summary, the working fluid mass flow rate,
working fluid heat transfer coefficient in the evaporator, and seawater heat
transfer coefficientin both the evaporator and condenser contribute to an increase
of the net power output as corrugation pitches decrease, whereas the seawater
pressure drop in both heat exchangers, as well as the working fluid heat transfer
coefficient in the condenser contribute to an increase of the net power output as
corrugation pitches increase. These two opposite contribution result in the

optimum value found in Figure 3-14.
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Figure 3-15: Working fluid mass flow rate as a function of the corrugation pitches of both the
evaporator and condenser.
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Figure 3-16: Working fluid heat transfer coefficient in the evaporator as a function of the corrugation pitches

of both the evaporator and condenser.
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Figure 3-17: Working fluid heat transfer coefficient in the condenser as a function of the corrugation pitches

of both the evaporator and condenser.
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Figure 3-18: Seawater heat transfer coefficient in the condenser as a function of the corrugation pitches of
both the evaporator and condenser.
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Figure 3-19: Seawater pressure drop in the condenser as a function of the corrugation pitches of both the
evaporator and condenser.
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3.5.3.4. Aspect ratio

In this section, the aspect ratio, defined as the ratio between the heat transfer
length and heat transfer width, is changed for a constant heat transfer area.
Correlations should be valid for this value within reasonable ratios. Rather than
the actual length and width, the length refers to the dimension parallel to the flow
direction, whereas the width refers to the dimension perpendicular to the flow
direction. The optimization is realized within a range of 0.2 to 1.6 and 0.2 to 2 for
the evaporator and condenser, respectively, and results are given in Figure 3-20.
An optimum is found at a ratio of 0.9 for the evaporator, and, for the condenser,
the maximum net power output seems to increase along with the aspect ratio
without limitation. Practically, however, a certain length is required to allow the

heat transfer to take place.

280 w =271.9 W/m?

net,max

260

W/LC 0 0.2 0.4 0.6 0.8 1 1.2 1.4
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Figure 3-20: Maximum net power output per square meter of heat transfer area as a function of the aspect
ratio for both heat exchangers.

For the seawater at a constant velocity within the plate, when the ratio
decreases, the heat transfer coefficient as well as friction factor remain the same
as it can be seen in Equations (3-5) and (3-26). Only the pressure drop, which
becomes a linear function of the plate length, increases. However, as the ratio

increases, a higher mass flow rate is allowed for the same velocity within the
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plates, which increases both the heat transfer coefficient and the required
pumping power. This happens in both the evaporator and condenser, and, because
the working fluid pressure drop is negligible, it is possible to conclude from the
result in Figure 3-20 that the gain in gross power output is greater than the cold
seawater pump power consumption increase, whereas it leads to an optimum
value in the evaporator. Indeed, working fluid pressure drop in the condenser has
a negligible effect on the net power output to heat transfer area ratio, therefore the

increase of the aspect ratio only lead to an increase of the power output.

3.5.3.5. Maximum net power output for the optimum geometry

In this section the optimization is performed again with a plate presenting all
the optimum parameters found in this chapter. For the condenser length to width
ratio, as no optimum value was found, this parameter is arbitrary fixed at 1.
Another issue is the relation between optimum values of the condenser mean
channel spacing and corrugation pitch which are 7.7 mm and 10.5 mm,
respectively, leading to an enlargement factor ¢ of 1.86, way outside correlations
validity range and feasibility. To find out the optimal point, the optimization is
realized for mean channel spacing ranging from 1 mm to 7.7 mm and corrugation
pitch ranging from the minimum value to get an enlargement factor of 1.5 and 20

mm. Results are given in Figure 3-21.
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Figure 3-21: Maximum net power output per square meter of heat transfer area as a function of the
condenser corrugation pitch Ac and mean channel spacing &.

As discussed previously, in the condenser, the net power output to heat
transfer area ratio tends to increase as the mean channel spacing increases.
However, the optimum value around 10.5 mm for the corrugation pitch is not
observed here. Indeed, the optimum corrugation pitch vary along with the mean
channel spacing. In fact, at 4 mm, value for PHE 1 on which the geometry is based,
the optimum is found at a corrugation pitch of between 10 and 11 mm. In the
current case however, the net power output to heat transfer area ratio reach its

highest value for the highest 6. and lowest corrugation pitch considered.

The same is done with the evaporator. Results are summarized in Figure 3-22
in which the same trend as Figure 3-8 can be observed for de. In this case as well,
the optimum value of mean channel spacing is conserved, while the optimum
corrugation pitch differs. Here the optimum corrugation pitch is found to be the

highest one for a 6. of 1 mm.
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Figure 3-22: Maximum net power output per square meter of heat transfer area as a function of the
evaporator corrugation pitch Ae and mean channel spacing .

Interestingly, the maximum net power output in the evaporator is found to
increase as the enlargement factor ¢ get closer to 1, which would correspond to a
smooth plate without any surface treatment whereas, for the condenser, the

maximum net power output increases as the enlargement factor gets larger.

Another point requiring further investigation is the plate aspect ratio. Indeed,
as discussed previously, the aspect ratio highly depends on the pressure drop
within the plates, which itself depends on the plate geometry that is changed when
using all optimum parameters. Using the optimum values of chevron angles, mean
channel spacing and corrugation pitches given in Table 3-6, the aspect ratio is once
more investigated and results are displayed in Figure 3-23. As the enlargement
factor of the evaporator gets closer to one, the friction factor decreases as well.
This lower friction factor allows for a higher velocity within the plates, and,
therefore, a higher mass flow rate. In PHE 1, the increase of the gross power output
and pumping power led to an optimum aspect ratio. However, in case of the
optimum geometry, as the rate at which the pressure drop increases when the
velocity increases is lowered thanks to the low friction factor, the opposite trends

do not lead to an optimum, at least within the investigated range.
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Table 3-6: Optimum geometry parameters

Evaporator Condenser

chevron angle g (°) 70 68
mean channel spacing § (mm) 1 7.7
corrugation pitch A (mm) 20 17
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Figure 3-23: Maximum net power output per square meter of heat transfer area as a function of the aspect
ratio for both heat exchangers for optimum values of chevron angles, mean channel spacing and corrugation
pitch.

Detailed results of the maximum point reached in Figure 3-23 are presented
in Table 3-7 in which PHE,: refers to values for the optimum plate heat exchangers
with the parameters in Table 3-6 and for aspect ratios of 2. It should be reminded
that a finite length is required to drive the heat exchange, and, therefore, more
investigations are required concerning actual optimal aspect ratio values.
Moreover, actual optimal for both chevron angles is still uncertain and could be
higher than the values found previously. Furthermore, the optimum values for the
mean channel spacing were found to be at the boundary of the range used within
the optimization. Thus, in the condenser, higher values of the mean channel
spacing, possibly combined with lower values of the corrugation pitch, might lead

to a higher maximum net power output. Similarly, in the evaporator, a higher
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maximum net power output might be achieved for lower values of mean channel
spacing and/or higher values of the corrugation pitch. These were not investigated

as doing so would be too far from the correlations initial validity range.

The maximum net power output for the optimum geometry parameters from
Table 3-6 is found to be 400.2 W/mZ, which represent a considerable 59% increase
compared with the value obtained for PHE 1. In case of the optimum geometry,
except for the working fluid side of the condenser, heat transfer coefficients are
higher than those of PHE 1. Also, the seawater and working fluid heat transfer
coefficients are more balanced with a ratio of 0.76 and 0.77 compared with 0.54
and 0.42 with PHE 1 for the evaporator and condenser, respectively. The pressure
drop of both fluids in the evaporator greatly increases, especially the working fluid
side, which is explained by the higher working fluid mass flow rate. The friction
factor, however greatly decreased, mainly thanks to the low enlargement factor. In
the condenser, as the optimum enlargement factor is high, the friction factor
increased. The decrease in the pressure drop is explained by the lower velocity

inside the plate as well as the increased hydraulic diameter.
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Table 3-7: Optimization result at optimum geometry compared with PHE1.

Parameter Value

PHEopt PHE1
Whetmax (W/m2)  400.2 251.4
my (kg/s) 0.0158 0.0098
Muw,e (kg/s) 1.481 1.243
Rew,e 3273 5014

Ve (M/S) 1.378 0.528
Mmuw,c (kg/s) 3.476 1.270
Rew, 4083 2724

Vu,c (m/s) 0.418 0.537

T. (K) 295.3 295.5

T: (K) 283.5 283.8

Xe (-) 0.52 0.52

Xc (-) 0.49 0.49

awe (kW.m-2K-1)  18.00 9.825
awec (kW.m-2K-1)  11.95 7.217
ar (kW.m-2.K1) 13.68 5.257
ar (kW.m-2.K-1) 15.50 17.27
APy (kPa) 35.04 22.61
APwc (kPa) 11.63 27.25

APr. (kPa) 27.99 5.01
APy (kPa) 0.013 0.217
fwe 0.034 0.286

fwe 0.677 0.331

fre 3.171 13.48
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3.5.4. Conclusion

There were two main goal to this section. The first one was to improve the
previous method accuracy by taking into account the working fluid pressure drop
and heat transfer coefficient. The second goal was to achieve a comparison of plate
heat exchangers design parameters by replacing heat exchanger specific
correlations with global correlations. A new objective function was derived and
the method in Chapter 2 was adjusted to be applicable to the new optimization
specificities. A comparison of the global correlations for seawater was performed
and the method was then applied to two of the heat exchangers presented in
Chapter 2 for comparison purposes. Afterwards, an optimization of the plate heat
exchanger design parameters was performed and the maximum net power output
as well as optimum parameters were computed and compared with the original
plate, PHE 1.

e A significant difference was found between heat exchanger specific
correlations and global correlations. However, these differences did
not seem to have a major impact on the maximum net power output of

the system.

e The maximum net power output for PHE 1 and PHE 2 were found to
be almost halved as the working fluid heat transfer coefficients and
pressure drops were considered, and most of the assumptions taken
in Chapter 2 were found to be invalid, although the most suitable heat
exchanger remained the same. The trend of the variation of the
maximum net power output as a function of the temperature
difference was also found to be consistent with the optimized values

from Chapter 2 and data from the literature.

e The maximum net power output was found to increase along with the
chevron angle up to an apparent optimum of 70° and 68° for the
evaporator and the condenser, respectively. However, due to the form
and validity range of the seawater correlations equations, it was
suspected that the maximum net power output was more and more

underestimated as the chevron angle increases from 60° and,
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therefore, that the actual optimum, if any, was likely to be at higher

chevron angles.

e For the mean channel spacing, results differed for the evaporator and
the condenser. The former found an optimum value at the minimal
computed value of 1 mm, whereas the latter has an optimum at the
maximal computed value of 7.7 mm. Once more, a higher net power
output might be achieved for values below 1 mm or 7.7 mm, but the

correlations validity range could not allow to investigate it properly.

e Optimum corrugation pitch was found to be highly dependent on the
mean channel spacing; drastically different results were found using
the mean channel spacing of 4 mm of PHE 1 and other values. In place
of an optimum corrugation pitch, an optimum set of corrugation pitch

and mean channel for both the evaporator and condenser were found.

e An optimum of 0.9 was found for the aspect ratio of PHE 1 at the
evaporator but not for the condenser, because of the negligible
pressure drop of the working fluid. The maximum net power output
was found to increase without limit along with the width, as it allows
for a higher flow rate inside the heat exchanger. For a plate with
optimum geometry, no optimum was found, even for the evaporator.
as the decrease of the working fluid friction factor diminished the

increase rate of the pumping power as the mass flow rate increases.

e OTEC system net power output to heat transfer area ratio appeared to
increase as the plate in the evaporator got closer to a smooth plate with
an enlargement factor close to 1 because of the relatively high working
fluid pressure drop, whereas in the condenser, a high enlargement

factor was preferred.

e The plates using the optimum geometry led to an increase in the
maximum net power output of 59% compared with the original PHE
1. An increase of almost all heat transfer coefficients was observed

with a closer balance between heat transfer coefficient of both sides.
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Although an important increase of the maximum net power output was
achieved using the optimized plate, more accurate correlations applicable to a
wider range of design parameters would allow further investigation, especially
when no optimum were found. Namely, an investigation focused on the optimal
length to width ratio is required to see to what extend the increase of the width in
the condenser would lead to an increase of the maximum net power output. This
is also true for the mean channel spacing as experimental data on which

correlations are based did not include values higher than 4 mm.
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Chapter 4.

BOILING HEAT TRANSFER COEFFICIENT
USING COMPUTATIONAL FLUID
DYNAMICS

The accuracy of the optimization realized in the previous chapter strongly
depends on the accuracy of the heat exchangers’ heat transfer coefficient and
pressure drop correlations. These correlations were derived from experimental
data that cover a certain range of parameters. To get a more accurate optimization,
heat exchanger specific correlations are required. However, a study on the effect

of each geometry design parameter, as done in the previous chapter, is unrealistic
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due to the number of plates that would need to be manufactured to obtain

experimental data.

The goal of this section is to suggest a solution to obtain accurate correlations
specific to a heat exchanger without the hurdle and the cost of an experiment.
Computational Fluid Dynamics (CFD), as described in section 1.3 of Chapter 1, is a
promising tool to achieve this goal. A model is firstly developed based on the flow
boiling of water in a smooth rectangular duct and compared with the experimental
data from Phillips (2014) as well as the model developed by Gilman & Baglietto,
(2017). Then, using a slightly modified geometry, and replacing water by

ammonia, the model is applied to a flow that is consistent with OTEC conditions.

4.1. Geometry and mesh

The geometry used for the simulation of the flow boiling of water in a smooth
rectangular duct is based on the experiment realized by Phillips (2014) and was
created using Ansys DesignModeler. The ductis 1.18 m long, 30 mm width and has
a clearance of 10 mm as shown in Figure 4-1. At 1.06 m of the duct, a heating
surface of 20 mm x 10 mm is used to provide the necessary heat to trigger the
boiling phenomena. Such a long geometry is used to be as close as possible to the

experiment and to ensure a fully developed flow at the heating surface.

Figure 4-1: Geometry of the rectangular duct.
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The mesh is generated through Ansys meshing, and, after a mesh analysis
reported in Figure 4-2, a final mesh using a body sizing of 1.2 mm along with a
sweep method with 40 divisions and a bias of 10 to better capture the heat
transfer phenomena within the boundary layer is selected. The resulting final
mesh is shown on Figure 4-3 with 1 050 502 nodes and 984 520 elements. A
smaller size mesh was not used as the temperature value started to drastically

drop even with a slight change in the mesh size, as seen in Figure 4-2.
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Figure 4-2: Mesh sensitivity analysis.
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Figure 4-3: Mesh output for the rectangular duct geometry.
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4.2. Model description

4.2.1. Mass and momentum conservation equations

The Two phase flow is simulated with a Eulerian - Eulerian approach and
uses the RPI wall boiling model for the phase change and phase interactions. As
described previously, with the Eulerian - Eulerian approach, momentum and mass
conservation equations are solved for each phases. For a given phase p, Equations
(4-1) and (4-2) apply (Ansys®, 2018b):

0 R . .
ot (app) + 7 - (appp ¥,) = 12, — 1ty (+1)

with @, the volume fraction, p, the density, v, the velocity, 1., the mass given or

received to/from the other phase.

d . N
at (O‘pp vp) +V- (O‘ppp vpvp)
= - = . - . - = = (4'2)
= —apVP + Vrp + ap,0pg + R +m,v, — myv, + Fp + Fll-ft,p

+ Fuip + Frap

With g, the gravitational acceleration, Fp), an external body force equal to zero in
the current simulations, ﬁlift» a lift force, ﬁwl , a wall lubrication force, ﬁtd, a
turbulent dispersion force. The two velocities v, and v, are defined as the velocity
of one or the other phase. If i, is positive, v, is equal to the velocity of the phase
p, otherwise, it is equal to the velocity of the other phase. If 1, is positive, v, is
equal to the velocity of the other phase, otherwise, it is equal to the velocity of the
phase p. R and 1 are defined in Equations (4-3) and (4-4), and are the interaction

force between the two phases and the phase stress-strain tensor,

respectively(Ansys®, 2018b):

2 .
T = apu,(V0, + V1) + oy (ch - §ﬂp) V-v,I (4-3)

where u, and k, are the shear and bulk viscosity of the phase p, respectively. I'is

the identity tensor.

R = K, (49) (+4)
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With K, the interphase momentum exchange coefficient for which the definition
is given in Equation (4-5), and 47, the difference between the velocity of the other
phase and the phase p.

_ 3fAl‘Llp
qp dq

(4-5)

with dg, the bubble diameter, f the drag function, and A, the interfacial area defined
by Equation (4-6) in respect to the Ishii model implemented by (Ansys®, 2018b):
3 6(1 — ag)min(ag, Agcrit)

P dq(l - min(aq! o‘q,crit))

(4-6)

Where ay,cric is taken as 0.25.

The drag function f in Equation (4-5) is equal to the product of a drag
coefficient by the Reynolds numbers divided by 24. The drag coefficient, CD, is
given accordingly to the Ishii model which defines it as the minimum between the
drag coefficient for the viscous regime (Equation (4-7)) and the drag coefficient
for the distorted regime (Equation (4-8)) (Ansys®, 2018b)

Cpvis = 2—4(1 + 0.15Re°'75t) 4-7)
,\Vis Repart par
B 2dq
CD,dis - 3 ol (4-8)
g(ep — pg )

With Repart, the particle Reynolds number defined in (4-9) and o, the surface

tension.

U, — U, |d
Reparc :pp| y — Ugldg (4-9)
Hq

The lift force, ﬁlift described in Equation (4-2) is a force that can push the

bubbles toward or away from the wall and is given in Equation (4-10) (Ansys®,
2018b).

ﬁ1ift = —Cjirc0gPp (13p — 17q) X (V X v) (4-10)
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Where Ciit is the lift coefficient, taken in this simulation as described by Moraga et
al. (1999), which depends on the product of the particle Reynolds number and the
vorticity Reynolds number given in Equation (4-9) and (4-11), respectively
(Ansys®, 2018b).

_ pp|‘7 X 1_7)p|dc21
Hp

Re,, (4-11)

The lift coefficient Cyf is defined as 0.0767 if the product of the particle and
vorticity Reynolds numbers is smaller than 6000, and -0.6353 if this product is
higher than 5x107. For values between these two boundaries, the lift coefficient is
taken as in Equation (4-12) (Ansys®, 2018b):

RepartRewx10—5 RepartRemX10_7
Ciife = —| 0.12 — 0.2e 3.6 e 3 (4-12)

The wall lubrication force, ﬁwl' described in Equation (4-2) is a force that
pushes the bubbles away from the wall and is computed as in Equation (4-13)
(Ansys®, 2018b).

Ful = Cuippagl (D, — 13’q)wa”|2ﬁ (4-13)

With |(f5p - ﬁq)wa” |, the phase relative velocity component tangential to the wall

surface, 7, the unit vector normal to the wall and pointing away from it, and Cw, a
wall lubrication coefficient defined by the closure model from Antal et al. (1991).
and given in Equation (4-14) (Ansys®, 2018b):

C C

C,i = max (0, IE lz) (4-14)
dg  Yw

With Cw1 = -0.01 and Cw2 = 0.05 two non-dimensional coefficients and yw, the

distance to the nearest wall.

The turbulence dispersion force, ﬁtd in Equation (4-2) tends to push vapor
bubble in the main flow stream. It follows the formulation from Lopez de

Bertodano given in Equation (4-15) (Ansys®, 2018b):
Fra = Crppyk,Voyg (4-15)

With Ctp a constant equal to 1 and k, the turbulent kinetic energy.
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4.2.2. Turbulence equations

The turbulence is implemented using with the Shear Stress Transport (SST)
k - o model. This model is based on the Reynolds averaged Navier-Stokes
equations, in which the time average of the standard Navier-Stokes equations is
taken after decomposing the velocity into a time averaged component and a
fluctuation component. Doing so results in the appearance of a new variable
known as the Reynolds stress. Turbulence model are used to solve this new
variable. To do so, in the SST model, two equations (Equations (4-16) and (4-17))
are introduced for each phase p. In these equations, q represents the other phase
(Ansys®, 2018b).

a —
ot (O‘pppkp) + V(O‘ppp Upkp)

#t,p
=V (ap <,up + a_) Vkp) + (ochk'p — ocka'p)
k (4-16)

— — H ,
+ Kgp (qukq - Cqup) - qu(Uq - Up) : aqtaqq Vag

— — Ht'p
+ K, (U, —U,) - o Vap + 1Ty,
b=p

Where . is the turbulent viscosity, Gk is the production of turbulent kinetic energy,

Yk is the dissipation of turbulent kinetic energy, U is the time averaged component
of the velocity, ok is the turbulent Prandtl number for k, and Ik represents the

influence of interphase turbulence interaction.(Ansys®, 2018b, 2018a).
The second equation is defined as:
d -
a(apppwp) + V(appp Upwp)
=V (ap (,up + l:—(’f) pr> + (apr,p - apr‘p)

w. — N
+ ?S(qu(cqpkq o Cqup) - qu(Uq - Up) ’

4-17
Heq (4-17)

Qq0q

Vag
+ Ky (U, - U,) -2 pa, | +11
apr\Yq )y g P wp
r%
where w is the specific turbulence dissipation rate, G, is the generation of w, Y, is

the dissipation of w, and o, is the turbulent Prandtl number for w (Ansys®, 2018b,
2018a).
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For a detailed description of the production and dissipation of k and w, the
turbulent Prandtl numbers as well as turbulent viscosity, the reader is referred to

the Chapter 4 of Ansys Fluent Theory guide (Ansys®, 2018a).

In addition to these equations, a turbulence interaction model from Sato &
Sekoguchi (1975) is used to account for influence of the dispersed phase on the
turbulence equations. Contrarily to other models, in which this influence is given
through a source term in the turbulence equations, Sato & Sekoguchi (1975)
proposed to include these effect in the velocity decomposition and used the
following equation for the kinematic turbulent viscosity of the primary phase p
(Ansys®, 2018b).
k? - o

vp = Cu+ 0.604dq|Ug — Uy (4-18)

where C, is a constant equal to 0.09

4.2.3. Energy Conservation equation

Furthermore, the energy conservation equation also applies (Ansys®,
2018b):

a -
%(O(ppp hp) +V- (O‘ppp vphp)
(4-19)

= apE + T;: va -V qp + Sp + Qpex + mrhqp — n'lghpq

With h, the specific enthalpy, g, the heat flux, and Qpex, the intensity of heat
exchange between both phase, for which values are opposite from one phase to
another. hyp is the interphase enthalpy, defined as the enthalpy of the phase q at
the temperature of the phase p.

4.2.4. Heat transfer

The heat transfer is described using the Ranz-Marshall model (Ranz, 1952;
Ranz & Marshall, 1952), in which the Nusselt number of a phase p is computed
according to Equation (4-20) (Ansys®, 2018b).

1
Nup, = 2 + 0.6ReD5Pr3 (4-20)
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4.2.5. Wall boiling model

The RPI wall boiling model partitions the heat received from a heating wall
into three components, which are the convective heat flux, the quenching heat flux,

and the evaporative heat flux (Ansys®, 2018b).

The quenching heat flux is the part of the heat flux driven by the liquid filling
the space created by bubble departure. It is given in equation (4-21):

/plCP Mf .
Qquench = 2 TI (Tw - Tl) (4-21)

where fis the frequency of bubble departure defined in Equation (4-22),

f — 4g(pl - pv) (4-22)
3piDyp

Dy is the bubble departure diameter defined according to Kocamustafaogullari &
[shii (1983) in Equation (4-23):

— 0.9 o
D, = 0.0012 (p L—P ") 0.02080 |—— (4-23)
Pv 9(p1 = pg)

with 6 being the contact angle in degree (Ansys®, 2018b).

The evaporative heat flux is the part of the heat flux that is used for the liquid
evaporation. It is linked to the volume of the bubble, Vg, the latent heat, Lpeat, the
frequency of bubble departure, f, defined in Equation (4-22), and the active
nucleate site density, Ny, which gives the number of site from which bubbles are

created and is computed according to Equation (4-24):

(4-24)

ZRC)—4—.4

1
My =526 (3,

where R. is the minimum cavity radius required for bubble generation and is
defined as in Equation (4-25) (Ansys®, 2018b):

_ 20T,
vaheat (Twall - Tsat)

R, (4-25)

Using (4-24) and (4-25), the evaporative heat flux is expressed as: (Ansys®, 2018b)
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Qevap = VaNppyLpeatf (4-26)

Finally, the convective heat flux is the part of the heat flux that is received by
the liquid phase moving along the wall. The bubble covered wall area, A, does not

contribute to this heat transfer, which is therefore expressed as in Equation (4-26)
Geconv = he(Twau — T)(A — 4p) (4-27)

With Twan, the wall temperature, T}, the liquid temperature and h, the single phase
heat transfer coefficient (Ansys®, 2018b).

Ay is expressed according to Equation (4-28) :(Ansys®, 2018b)

4.8e " LN, mD2

8e is

A, =min| 1, 2 b b (4-28)
Where Jarp is the two phase Jacob number defined as:

vaheat
4.2.6. Solver parameters

4.2.6.1. Time and operating conditions.

Fluent is set to compute the steady state solution of the flow boiling in the
duct. Gravity is applied along the inverse of the flow direction. Operating pressure
matches the system pressure provided by the experimental data, and the
operating density is set to be equal to the vapor density at the saturation
temperature. The pressure - velocity coupled method is used, and volume fraction
equations are solved independently.

4.2.6.2. Spatial discretization.

In Fluent, the values of the different scalars at the cell faces must be derived
from the values computed at the cell centers, which is where spatial discretization
schemes are used. Many schemes exist, and, for this simulation, the third order
MUSCL spatial discretization is chosen for the momentum turbulent kinetic
energy, the specific dissipation rate, and the energy equations, whereas the second
order upwind formulation is used for the volume fractions equations (Ansys®,
2018c).
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In the third order MUSCL (Monotone Upstream - Centered Schemes for
Conservations Laws) scheme, for a scalar i, the face value, Y, depends on the
upstream cell centered value, 1, as well as the cell centered value of both cells
sharing the considered face, noted ¥y and ;. Equation (4-30) shows how the face

value is computed (Ansys®, 2018c):

1 1
l.l’f =0 (E (‘.bo + 7701) + E(V¢o ’ 7_')0 + Vl/’1 ‘7_')1)> + (1 - 9)(¢u + Vl/)u ' Fu) (4-30)

With 7 the displacement vector from a cell center toward the cell face. 0 is a scalar
between 0 and 1, which is internally computed by the solver to prevent a new

extremum to appear at cell faces.

The second order upwind scheme is given in Equation (4-31) and only
depends on the upstream cell value, ¥, its gradient, and the displacement vector
7,..(Ansys®, 2018c¢):

V= Wy +Vihy - 1) (4-31)

4.2.6.3. Gradients evaluation

The least Squares Cell-based gradient evaluation method is used because of
its superior accuracy and low computational cost. The gradient between the values
of two consecutive cell centroids co and c; at positions ro and rj, respectively
follows the Equation (4-32) (Ansys®, 2018c):

Vipe, - Ar = P, — Yo, (4-32)
4.2.7. Boundary conditions
4.2.7.1. Walls and heating surface

All the walls are considered smooth and a no-slip condition is applied. A
constant and uniform heat flux is applied at the heating surface, whereas the
remaining walls are considered adiabatic.
4.2.7.2. Inlet and outlet

The inlet is situated at a coordinate, z, equal to zero and a constant velocity
as well as constant temperature are supplied. A pressure outlet condition is
applied at the other end of the duct with a null gauge pressure, and a backflow

temperature equal to the inlet temperature. For the inlet and outlet backflow, and
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for both phases, the turbulence is given by specifying the hydraulic diameter of the
geometry, 0.015 m - 0.008 m in case of ammonia - and an intensity of 4%. The

fluid that enters the computational domain is either water or ammonia.

4.3. Result and discussion

4.3.1. Model validation

To compare the computed data to the experimental data from Phillips (2014)
and simulation data from Gilman & Baglietto (2017), the wall temperature has
been plotted as a function of the wall superheat as shown in Figure 4-4, Figure 4-5,
and Figure 4-6. Throughout all the simulated data, the most important difference
between the experimental and simulated wall temperature is of 4.1%, whereas
this percentage becomes 2.2% in the simulation realized by Gilman & Baglietto
(2017). The present model presents the highest difference with the experiment
with larger heat fluxes whereas the model of Gilman & Baglietto's (2017)
maximum error is located at low heat fluxes, specifically, their model does not
provide negative values of the wall superheat; the wall temperature in their
simulations is always higher than the saturation temperature. In OTEC, however,
the heat flux is rather low and do not exceed 100kW/m?2. By neglecting all values
for a heat flux greater than 1000kW/m?, the maximum difference with the
experiment becomes 1.8%, which is obtained at a heat flux of 1000 kW/m2.
Moreover, the increase precision in the low heat flux range compared to the
Gilman & Baglietto’s model (2017) can be interesting in the case of an OTEC

simulation.

Besides, Gilman & Baglietto's model (2017) uses an experimentally derived
density function in its nucleation site density closure model, which cannot be
applied with other fluid than water. Another difference between the present model
and the one used by Gilman & Baglietto (2017) lies in the bubble departure
diameter computation which is based on a force balance applied to the bubble
rather than an experimental correlation used in the present model. Doing so they
could differentiate sliding bubbles with departing bubbles and apply the different
effect they have on the boiling flow.
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Figure 4-4: Heat flux as a function of the wall superheat for a velocity of 1.0 m/s, a pressure, P = 2 bar, an
inlet temperature, Tin = 378.36 K and a saturation temperature, Tsat = 393.36 K.
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Figure 4-5: Heat flux as a function of the wall superheat for a velocity of 0.5 m/s, a pressure, P = 1.05 bar, an
inlet temperature, Tin = 364.13 K and a saturation temperature, Tsat = 374.13 K.
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Figure 4-6: Heat flux as a function of the wall superheat for a velocity of 1.25 m/s, a pressure, P = 2 bar, an
inlet temperature, Tin = 388.36 K and a saturation temperature, Tsat = 393.36 K.

4.3.2. Ammonia at OTEC operating conditions

In this section, results of the CFD analysis using ammonia at OTEC operating
conditions are given and analyzed. The geometry of the duct is slightly modified to
reduce its hydraulic diameter from 15 mm to 8 mm, which is closer to plate heat
exchangers values. It should be noted that the model should be improved as its
stability was found to decrease, and eventually diverge, as the heat transferred to
the fluid increased. This prevented from taking the whole duct length as a heated
surface, as it should be the case for heat exchangers. Nonetheless, heat transfer
coefficients found with CFD are compared with experimental correlations
developed by Amalfi etal. (2016b), Ayub et al. (2019) and Mostinski (1963) which
are described in Table 4-1. In this section, the boiling temperature is set to be equal
to the inlet temperature, as it is assumed that ammonia enters the heat exchanger

at saturation temperature.
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Table 4-1: Boiling heat transfer coefficient correlations.

Correlation
Amalfiet (Nu = 982p*1101We0315B(0:320p*~0.224 Bd < 4
al, (2016b) (Nu= 18.4953*0248 Re0-135Re0:351 B {0235 0-1985+-0223  Bq > 4
0.49-0.3—2—
Nu = <1.8 + 0.7 F )Reeq 7ammonia Bog(‘])'2
Ayub etal.,, Bmax
(2019) G,y D
ReEq = Llh BOeq = G Lh and Geq = G(l —x+ xp*)O.S
eq™~heat
MostinsKi, oo oref P
(1963), o = 0.10605P%5%¢ (E)
f.rom P p 0.17 P 1.2 p 10
Spindler, f (—) =1.8 (—) +4 (—) + 10 (_)
(2010) Per P.. P., P.,

P being ammonia critical pressure.

The heat transfer coefficient is computed using Equation (4-33). Vapor quality is
computed using the volume average of the vapor quality in each cells within the

heated part.

q
a = _: (4-33)
Twall - Ti

The correlation from Amalfi et al. (2016b) and Ayub et al. (2019) were
computed using a chevron angle of 70°. The vapor quality was taken as the mean
vapor quality for all the computed mass flux at a given heat flux. The correlation
from Mostinski (1963) is for pool boiling and is included here because of the low
mass flux at which the simulations were realized. Results are given in Figure 4-7
and Figure 4-8, and boundary conditions for these simulations are given in Table
4-2.

Table 4-2: Boundary conditions for simulated data.

Boundary conditions Values
G (kg.m=2.s1) 3~12
Tin (= Tevap) (K) 297.15

q (W.m-2) 10000;20000
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Figure 4-7: Comparison of heat transfer coefficients between CFD results and correlation from the literature
at a heat flux q = 10kW,/m? and a mean quality of 0.0018.

As seen in the graphs, there is a high discrepancy between CFD results and
the correlations. This inconsistency is due to the low heating surface area used in
the CFD simulations. With such a small surface, the vapor quality within the heated
part remains rather low; around 0.003 for a heat flux of 10 kW /m?, which is highly
likely to be outside the correlations applicability range. Amalfi et al. (2016b)
compared their correlations with experimental data of vapor quality ranging from
0.002 to 0.035 and also found that their correlation highly underestimated the
heat transfer coefficient at these low vapor qualities. More specifically, their
correlation was found to give heat transfer coefficient values 15% to 40% lower
than the experiment on the whole range, with a decreasing accuracy along with
the vapor volume fraction. For comparison, their correlation gave a heat transfer
coefficient 32% to 46% lower than the presented CFD simulation results using the
mean vapor quality of each separate data point, rather than the mean value of all
data points. In Figure 4-8, experimental data from Khan et al. (2012) are included
as it is the closest match found in the literature in terms of operating conditions,
although the saturation and inlet temperatures, as well vapor quality do not match.

Further investigation is required, either by conducting experiments with the same
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operating conditions of the simulated data or applying the model to conditions

matching experimental data.
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Figure 4-8: Comparison of heat transfer coefficients between CFD results and correlations from the literature
at a heat flux q = 20kW/m? and a mean quality of 0.0036.

In addition to the data shown in Figure 4-7 and Figure 4-8, simulations were
also made for an inlet temperature of 293.15 K and a heat flux of 10 kW/m?2. Using
all data, it is possible to generate a simple correlation using the inlet velocity, heat
flux, and inlet temperature. Indeed, as only ammonia is used in the simulation, and
as it is assumed to be at saturation temperature within the whole geometry, fluid
properties only depends on the inlet temperature. Also, although the volume
fraction has a significant impact on the heat transfer coefficient, it is a function of
the mass flux, heat flux, and inlet temperature. More complex correlation can be
derived in an attempt to fit data outside of the CFD simulation range, or if good

fitting cannot be achieved using the simple correlation.

Assuming that the heat transfer coefficient can be written as the product of a
constant times the inlet velocity, heat flux, and inlet temperature at different
exponents, a multiple regression analysis can be used to determine the different
coefficients. However, poor quality results were achieved and data had to be
centered and scaled to provide a good fit. This also presented issues for data point
equal to zero after scaling, therefore, an arbitrary scalar value of 1 was added to

all centered and scaled variables. Doing so, Equation (4-34) was found:
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— 0.0699 0.924 —0.098 -
Xcensca = 1-078Vin,cen,sca qcen,sca Tin,cen,sca (4-34)

where the subscripts cen and sca refers to centered and scaled data. Minimums,
maximums, means and standards deviations of all variables are given in Table 4-3,
and predicted data are plotted against CFD results in Figure 4-9. Minimums and

maximums in Table 4-3 refers to those of the centered variables.

Table 4-3: Mean, standard deviation, minimum and maximum of variable used in the correlation.

Variable Mean Standard deviation Minimum Maximum
Vin (m.s1) 0.0132 0.0065 -1.26 1.82
q (kW.m-2) 13.08 4.80 -0.64 1.44
Tin (K) 295.9 1.92 -1.44 0.64
a (kW.m-2.K-1) 2.55 650.62 -0.77 1.50
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Figure 4-9: Predicted heat transfer coefficient against heat transfer coefficients computed using CFD.
Although a good fit has been achieved, it must be noted that the number of
data points are rather scarce, and more simulations points should be simulated

using CFD to get a more reliable correlation. Specifically, these data only contain
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two heat flux values - 10 kW/m2 and 20 kW/m2 - and two inlet temperatures -
297.15 K and 293.15 K - which might not be enough to generate a reliable
correlation. It should also be noted that increasing the number of simulation points
might require a more complex fitting model to properly describe the heat transfer

coefficient.

4.4. Conclusion

The main goal of this chapter was to show the possibility of using
Computational Fluid Dynamins to compute correlations that can be used for an

accurate optimization of various heat exchanger geometries.

e A simple flow boiling model was developed and was successful at
predicting wall temperature at low enough heat fluxes using a small

heating surface on a vertical duct with water as the fluid.

e The model was applied to a similar geometry using OTEC heat flux,
inlet velocities, and ammonia. Data were compared to correlations
from the literature but showed poor agreement due to the low volume
fraction achieved using such a small heating surface as correlations
were found to greatly underestimate heat flux at such low volume
fraction. Moreover, it was found that the model requires further
refinement as the stability decreased together with the increase of the
amount of heat transferred to the fluid, thus, simulation with larger
heating surface, and, therefore, larger vapor volume fraction could not

be achieved.

e A simple method for computing a fairly accurate correlation from CFD
results was demonstrated, although more simulation data points are

required to get a reliable correlation.

Many obstacle remains for accurately derive a boiling heat transfer
coefficient correlation using CFD results. However, by taking a large enough
sample to cover the range that can occur in the optimization of the previous
chapter, coupled with more accurate flow boiling model, it is possible, for each

heat exchanger, to provide a simple, yet accurate correlation to be used in the
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optimization. This has a great importance for the accurate comparison of OTEC

performance based on heat exchanger geometry.
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Chapter 5.

CONCLUSION

This chapter presents the goal of this study, a summary of the different
achievements realized in this thesis, as well as future research objective in the OTEC

optimization field regarding heat exchangers.

5.1. Goal and achievements

Given the high computational cost of standard computation methods, the lack of

studies concerning optimal plate heat exchanger geometry, and the high dependency
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on experimental data for accurate prediction of heat transfer coefficient and pressure

drop, this thesis had three goals:

e The simplification of the optimization process considering both fluids

heat transfer coefficients and pressure drops.

e The optimization of heat exchanger design parameters for a maximum net

power output to heat transfer area ratio.

e Showcase the possibility of obtaining accurate boiling heat transfer

coefficients using CFD.

First, using seawater side heat transfer coefficient and pressure drop
correlations of a given heat exchanger, a simplified method for computing and
maximizing the net power output to heat exchanger surface area ratio was achieved.
This allowed for the comparison of the performances of an OTEC system using
different heat exchangers. Results clearly showed the importance of the heat
exchanger selection as the net power output by unit of heat exchanger area was more
than doubled from the least suitable heat exchanger to the most suitable one, just
among the three tested in this study. The importance of finding the best trade-off
between heat transfer coefficient and pressure drop was also highlighted. Moreover,
it was pointed out that some heat exchangers’ characteristics beyond the scope of the
optimization could play a role in the heat exchanger selection. Indeed, heat
exchangers with high heat transfer coefficients and high pressure drop were find to
require a smaller mass flow rate, and, thus, smaller pipes diameters to achieve the

optimum OTEC performance.

Then, the method accuracy was improved by including the working fluid side
heat transfer coefficient and pressure drop correlations, which led to values that were
almost halved compared to what was found when only considering seawater side, but
closer to what was found in the literature. Global correlations were also introduced
to allow for a comparison of different heat exchangers design parameters.
Consequently, the effect of chevron angle, mean channel spacing, corrugation pitch,

and length to width ratio on the net power output per unit of heat exchanger area
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were investigated. The optimization of the OTEC system using heat exchangers with
optimum design parameters was realized, and it was found that OTEC performances
were increased as chevron angles got closer to 70° and 68° for the evaporator and
condenser, respectively. Regarding mean channel spacing and corrugation pitch, the
combination that led to the highest enlargement factor in the condenser was found to
lead to the highest OTEC performances whereas for the evaporator, the combination
leading to smallest enlargement factor was found to be more suitable. Finally, no
optimum aspect ratios were found, as the net power output to heat transfer area ratio
seemed to increase along with the aspect ratio without limits. Further investigations

are required as a finite length is needed to drive the heat transfer.

Despite the overall greater accuracy, the method was found to be limited by the
global correlations accuracy as well as their applicability. Knowing this, and as using
heat exchanger specific experimental correlations would not be easily achievable, the
last achievement of this thesis was to show the possibility of using CFD to compute
boiling heat transfer coefficient correlations to be used in the optimization. A rather
simple model to compute water flow boiling was used and compared with
experimental and simulation data. It was then applied to ammonia flow boiling at
OTEC conditions. While water results, except at very high heat fluxes, showed good
agreement with literature data, a rather significant discrepancy was found using
ammonia, mainly due to a low volume fraction that was achieved with the tested
geometry. Nonetheless, it was shown that CFD results could be used to derive simple
heat exchanger specific heat transfer coefficient correlations of great accuracy,

provided that a more accurate flow boiling model can be achieved.
5.2. Future research recommendations

Considering this thesis work, two main research axis should be investigated. The
first axis would be to focus on developing further CFD simulations, while the other

consists in improving optimization and cycle analysis.

5.2.1. CFD investigations
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The work presented in this thesis merely points out the possibility and potential
of using CFD simulation to derive heat exchangers characteristics. The model
developed in this work was found to rapidly decrease in stability and eventually
diverged as the volume fraction increased, making it impossible to simulate an actual
corrugated plate heat exchanger heated through the whole surface. Moreover,
pressure drop was largely underestimated by the simulations. A more robust model
capable of accurately predict both the heat transfer coefficient and pressure drop
need to be developed. From there, the effect of a non-uniform heat flux, as it is the
case in OTEC system, should also be investigated. The condensation heat transfer
coefficient and pressure drop should be investigated in the same fashion. It is highly
important to be able to rely on accurate CFD analysis so that a wide range of
geometries can be tested for OTEC applications.

5.2.2. Optimization and cycle analysis

In this work the objective function was defined as the net power output to heat
exchanger surface area ratio. Switching to the Levelized Cost Of Energy or any other
relevant economic indicator as the objective function could be a great improvement
and more appealing to industries. Such an optimization needs to consider, in addition
to what was provided in this work, the cost of the different components according to
the heat exchangers characteristics and optimum operating point. This includes the
price of seawater pipes, for which the length can vary significantly depending on the
site. Moreover, as stated in Chapter 1, the most suitable closed cycle for OTEC has not
been clearly identified yet. An optimization of all cycles, considering heat transfer
coefficients and pressure drops of both fluids is essential for the future of OTEC

technology.
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